
SRI CHANDRASEKHARENDRA SARASWATHI VISWA MAHAVIDHYALAYA 

ENATHUR, KANCHIPURAM – 631 561 

 

 

 

Course Material 
 

 

 

Prepared By 

 

Dr. K. Palani M.E., Ph.D., 

Assistant Professor (S-II), 

 

 

 

EBM6DT094 - Design of Machine Elements 

 

 

 

 

Department of Mechanical Engineering 

 



 

1  

 

Course Material  

Name of the Course:  Design of Machine Elements 

Name of the Unit   :  Simple stresses in Machine Elements 

Name of the Topic   :  Introduction to design process – Factors influencing the  

                                       machine design, Selection of material based on its physical               

                                       properties 
 

Objectives                 : To understand the various stresses involved in the various  

                                       machine components and the behaviour of the machine  

                                       components based on the properties of materials selection 
                

Outcomes              : Upon successful completion, the student should be able to  

                                   understand the impact of the various loads in the machine  

                                   components and select the suitable machine components for  

                                   the real world applications.  

Pre-requisites      : To have a basic knowledge of various types of loads, support  

                                  and reactions on the beams and columns. 

 

1. The stress is the 
 

    (A) External force 

    (B) Internal resistive force 

    (C) Axial force 

    (D) Radial force 

 
2. Hooke’s law is applicable within  

 

    (A) Elastic limit 

    (B) Plastic limit 

    (C) Fracture point 

    (D) Ultimate strength 
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3. The ability of the material to deform without breaking is called   

 

    (A) Elasticity 

    (B)  Plasticity 

    (C) Creep 

    (D) None of the above 
 

4. The property of a material by which it can be drawn to a smaller section by 

applying a tensile load is called 
 

    (A) Elasticity 

    (B)  Plasticity 

    (C) Ductility 

    (D) Malleability 
 

5. The state of stress at a point is a ____________________  
 

    (A) Scalar 

    (B)  Vector 

    (C) Tensor 

    (D) All of the above 
 

6. At the point of contraflexure  
 

    (A) B.M is minimum 

    (B)  B.M is maximum 

    (C) B.M is either zero or changes sign 

    (D) None of the above 
 

7. The Point of contraflexure occurs in case of  
 

    (A) Simply supported beams 

    (B) Over hanging beams 

    (C) Cantilever beams 

 (D) All types of beams 
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8. The variation of shear stress in a circular shaft subjected to torsion is  
 

    (A) Linear 

    (B) Parabolic 

    (C) Hyperbolic 

 (D) Uniform 
 

9. The shafts are designed on the basis of  
 

    (A) Rigidity 

    (B) Strength 

    (C) Both of (a) and (b) 

 (D) Either of (a) and (b) 

 

10. Two shafts A and B are made of the same material. The diameter of the shaft A 

is twice as that of shaft B. The power transmitted by the shaft A will be ______ of 

shaft B.  
 

    (A) twice 

    (B) four times 

    (C) eight times 

 (D) sixteen times 
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Unit - I  

(Simple stresses in Machine Elements) 

 

Machine Design 

Machine design is the creation of new and better machines and improving the 

existing one. A new or better machine is one which is more economical in the 

overall cost of production and operation. 
 

Classification of Machine Design 
 
1. Adaptive design  
 

 The designer’s work is concerned with adaptation of existing designs.  
 

 This type of design needs no special knowledge (or) skill and can be 

attempted by designers of ordinary technical training.  
 

 The designer only makes minor alternation (or) modification in the existing 

designs of the product. 
 

2. Development design 
 

 This type of design needs considerable scientific training and design ability in 

order to modify the existing designs into a new idea by adopting a new 

material (or) different method of manufacture.  
 

3. New design 
 

 This type of design needs lot of research, technical ability and creative 

thinking. 
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Factors influencing Machine Design 
 

1. Strength and stiffness 
 

2. Surface finish and tolerances 
 

 

3. Manufacturability  
 

4. Ease of handling  
 

 

5. Working atmosphere 
 

6. Cooling and lubrication 
 

7. Safety of operation 
 

8. Noise requirements  
 

9. Cost  
 

Various stages of the Design process 
 

The various stages of the design process are discussed below: 
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1. Recognition of need 
 

 The complete statement of the problem which describes the need, aim (or) 

purpose for which the machine is to be designed. 
 

2. Synthesis (Mechanisms)  
 

 Select the possible mechanism (or) group of mechanisms which will give the 

desired motion. 
 

3. Analysis of forces 
 

 Find the forces acting on each member of the machine and the energy 

transmitted by each member. 
 

4. Material selection 
 

 Select the material best suited for each member of the machine. 
 
 

5. Design of elements (Size and Stresses)  
 

 Find the size of each member of the machine by considering the force acting 

on the member and the permissible stresses for the material used.  
 

 The each member should not deflect (or) deform than the permissible limit. 
 

6. Modification 
 

 Modify the size of the member to agree with the past experience and 

judgment to facilitate manufacture.  
 

 The modification may also be necessary by consideration of manufacturing to 

reduce overall cost. 
 

7. Detailed drawing  
 

 Draw the detailed drawing of each component and the assembly of the 

machine with complete specification for the manufacturing processes 

suggested. 
 

8. Production 
 

 The component, as per the drawing, is manufactured in the workshop.  

 

General Considerations in Machine Design 
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1. Type of load and stresses caused by the load 
 

 The load on the machine component may act in several ways due to which 

the internal stresses are set up.  
 

2. Motion of the parts or kinematics of the machine 
 

 It depends largely upon the simplest arrangement of the parts which will 

give the motion required viz., (a) rectilinear motion, (b) Curvilinear motion, 

(c) Constant velocity and (d) Constant (or) variable acceleration. 
 

3. Selection of materials  
 

 The designer should have a thorough knowledge of the properties of the 

materials and their behaviour under working conditions.  
 

4. Form and size of the parts  
 

 The smallest cross-section is reasonably safe due to the stresses induced in 

the machine parts. 
 

 The forces are important to anticipate any suddenly applied (or) impact load 

which may cause failure. 
 

5. Frictional resistance and lubrication 
 

 The designer’s should know about the loss of power due to frictional 

resistance.  
 

 It is essential that a careful attention must be needed for the lubrication of all 

contact surfaces. 
 

6. Convenient and economical features 
 

 In designing, the operating features of the machine (starting, controlling and 

stopping levers) should be located on the basis of convenient handling.  
 

 The economical operation of a machine which is to be used for production 

(or) processing of material should be studied. 

 

7. Use of standard parts  
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 The use of standard parts are reduced the cost of similar machine parts, viz., 

gears, pulleys and bearings etc.   
 

8. Safety of operation 
 

 The designer should always provide safety devices for the safety of the 

operator.  
 

 The safety appliances should in no way interfere with operation of the 

machine. 
 

9. Workshop facilities  
 

 A design engineer should be familiar with the limitations of his employer’s 

workshop, in order to avoid the necessity of having work done in some other 

workshop. 
 

10. Number of machines to be manufactured  
 

 Due to fixed charges (or) overhead expenses, the number of machines to be 

manufactured which affects the design.  

 

11. Cost of construction  
 

 The cost of construction of an article is the most important consideration 

involved in design.  
 

 The aim of design engineer under all conditions should be to reduce the 

manufacturing cost to the minimum. 
 

12. Assembling  
 

 Every machine (or) structure must be assembled as a unit before it can 

function.  
 

 Large units must often be assembled in the shop, tested and then taken to be 

transported to their place of service.  
 

 The final location of any machine is important and the design engineer must 

anticipate the exact location and the local facilities for erection. 
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Selection of materials based on the Physical Properties  
 

 The physical properties of the metals include colour, size and shape, density, 

electric and thermal conductivity, and melting point.  

 

 The following table shows the important physical properties of the 

materials. 
 

 
 

Selection of materials based on the Mechanical Properties  
 

The various mechanical properties of the materials are discussed below:  
 

1. Strength 
 

 It is the ability of the material to withstand an applied load without failure or 

plastic deformation 

 

2. Stiffness 
 

It is the extent to which an object resists deformation in response to an 

applied force. 
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3. Elasticity  
 

 It is the property of a material to regain its original shape after deformation 

when the external forces are removed.  
 

4. Plasticity  
 

 It is property of a material which retains the deformation produced under 

load permanently.  
 

5. Ductility 
 

 It is the ability of the material which undergoes the significant plastic 

deformation before rupture (or) breaking. 
 

6. Brittleness  
 

 It is the property of the material that fractures when subjected to stress but 

has a little tendency to deform before rupture. 
 

7. Malleability 
 

 It is a special case of ductility which permits materials to be rolled (or) 
hammered in to thin sheets.  
 

8. Toughness  
 

 It is the ability of a material to absorb energy and plastically deform without 

fracturing.  
 

 It is measured by the amount of energy that a unit volume of the material has 

absorbed after being stressed up to the point of fracture.  
 

9. Machinability  
 

 It is the property of a material can be cut (machined) permitting the removal 

of the material with a satisfactory finish at low cost. 
 

10. Resilience  
 

 It is the ability of the material to absorb energy when it 

is deformed elastically and release that energy upon unloading. 
 
 

https://en.wikipedia.org/wiki/Deformation_(engineering)
https://en.wikipedia.org/wiki/Elasticity_(physics)
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11. Creep  
 

 When a part is subjected to a constant stress at high temperature for a long 

period of time, it will undergo a slow and permanent deformation. 
 

12. Fatigue 
 

 When a material is subjected to repeated stresses, it fails at stresses below 

the yield point stresses. This type of failure of a material is known as fatigue.  
 

13. Hardness 
 

 It is the resistance of a material to local plastic deformation achieved from 

indentation of a predetermined geometry indenter onto a flat surface of 

metal under a predetermined load. 

 

Simple stresses in Machine parts  
 
(a) Load 
 

 It is defined as any external force acting upon a machine part.  

 

1. Dead (or) steady load 
 

 The load does not change in magnitude (or) direction. 
 

2. Live (or) variable load 
 

 The load changes continually irrespective of the materials. 

 

3. Suddenly applied or shock loads  
 

 A load is said to be a suddenly applied (or) shock load, when it is suddenly 

applied (or) removed. 
 

4. Impact load 
 

 A load is said to be an impact load, when it is applied with some initial 
velocity. 

 
 
 
 
 
 



 

12  

 
 

(b) Stress 
 

 When some external system of forces (or) loads acts on a body, the internal 

forces (equal and opposite) are set up at various sections of the body, which 

resist the external forces.  
 

 This internal force per unit area at any section of the body is known as unit 

stress or simply a stress.  
 

 It is denoted by a Greek letter sigma (σ).  
 

Mathematically, 
 

  Stress, σ = P/A 
 

Where,  P = Force or load acting on a body, and 
   A = Cross-sectional area of the body. 
 

In S.I. units,  
 
The stress is usually expressed in Pascal (Pa). 
 

1 Pa = 1 N/m2.  
 

In actual practice,  

1 MPa = 1 × 106 N/m2 = 1 N/mm2,  and  

1 GPa = 1 × 109 N/m2 = 1 kN/mm2 

 
(c) Strain 

 

 When the system of forces (or) loads act on a body, it undergoes some 
deformation.  

 

 This deformation per unit length is known as unit strain (or) simply a strain. 
 

  It is denoted by a Greek letter epsilon (ε). 
 

Mathematically, 
 

Strain, ε = δl / l       (or)        δl = ε.l 
 
Where,  δl = Change in length of the body, and 

      l = Original length of the body. 
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(d) Tensile Stress and Strain 
 

 
 

 When a body is subjected to two equal and opposite axial pulls P (also called 

tensile load) shown in Fig. (a), then the stress induced at any section of the 

body is known as tensile stress as shown in Fig. 4.1 (b).  
 

 Due to the tensile load, there will be a decrease in cross-sectional area and 

an increase in length of the body.  
 

 The ratio of the increase in length to the original length is known as tensile 

strain. 
 

Tensile stress, t = P/A                             and  

Tensile strain, t = l / l 
 

Where, P = Axial tensile force acting on the body, 

A = Cross-sectional area of the body, 

l = Original length, and 

l = Increase in length. 

 

(e) Compressive Stress and Strain 
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 When a body is subjected to two equal and opposite axial pushes of P shown 

in above Fig. (a), then the stress induced at any section of the body is known 

as compressive stress as shown in Fig. (b).  
 

 Due to the compressive load, there will be an increase in cross-sectional area 

and a decrease in length of the body.  
 

 The ratio of the decrease in length to the original length is known as 

compressive strain. 
 

Compressive stress, c = P/A                         and  

Compressive strain, c = l / l 

 

Where, P = Axial compressive force acting on the body, 

A = Cross-sectional area of the body, 

l = Original length, and 

l = Decrease in length. 

 
(f)      Young's Modulus (or) Modulus of Elasticity 

 

Hooke's law 
 

 It states that when a material is loaded within elastic limit, the stress is 

directly proportional to strain. 
 

(i.e.)         (or)     = E.   
 

    E = ( / ) = (P x l)/(A x l) 

Where, E is a Young's modulus or modulus of elasticity.  
 

In S.I. units,  
    

        It is usually expressed in GPa.  

                      (i.e.)  GN/m2  (or) kN/mm2.  
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Values of Young's modulus 
 

Material Modulus of elasticity (E) in GPa 

Steel and Nickel 200 to 220 

Wrought iron 190 to 200 

Cast iron 100 to 160 

Copper 90 to 110 

Brass 80 to 90 

Aluminium 60 to 80 

Timber 10 
 

Problem 1 
 

A coil chain of a crane required to carry a maximum load of 50 kN, is shown in 

Figure. Find the diameter of the link stock, if the permissible tensile stress in the link 

material is not to exceed 75 MPa. 

 
Given data: 
 

Maximum load,           P = 50 kN     = 50 × 103 N 

Permissible tensile stress,        t  = 75 MPa   = 75 N/mm2  
 

To find: 
 

       Diameter of the link stock,        d = ? 
 

Solution: 
 

 Area of the link stock,             A = (/4) × d2 = 0.7854 d2 
 

           We know that  
          

                  Maximum load,     P = t  x A 
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    50 × 103 = 75 × 0.7854 d2  
 

               d = 29.13   30 mm 
 

Result: 
 

       Diameter of the link stock,        d = 30 mm 

     
(g) Shear Stress and Strain 

 

 When a body is subjected to two equal and opposite forces acting 

tangentially across the resisting section, as a result of which the body tends 

to shear off the section, then the stress induced is called shear stress and the 

corresponding strain is known as shear strain. 
 

 It is measured by the angular deformation accompanying the shear stress. 

 
 

 The shear stress and shear strain are denoted by the Greek letters tau () 

and phi () respectively.  
 

(h) Shear Modulus or Modulus of Rigidity 
 

 Within the elastic limit, the shear stress is directly proportional to shear 

strain.  
 

Mathematically 
 

       (or)     = G.  
 

        G = ( / )  
 

Where, G = Shear modulus (or) Modulus of rigidity.  
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Values of Modulus of rigidity 

 

Material Modulus of rigidity (C) in GPa 

Steel 80 to 100 

Wrought iron 80 to 90 

Cast iron 40 to 50 
Copper 30 to 50 

Brass 30 to 50 
Timber 10 

 

(i)      Bearing Stress 
 

 A localized compressive stress at the surface of contact between two 

members of a machine part that are relatively at rest is known as bearing 

stress (or) crushing stress.  
 

    The bearing stress (or) crushing stress   

b (or) c  = (P / d x t x n)  

Where d = Diameter of the rivet, 

                   t = Thickness of the plate, 

               (d x t) = Projected area of the rivet, and 

                                  n = Number of rivets per pitch length in bearing or  

                                        crushing. 
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(j) Stress-strain Diagram 

 

 The mechanical properties are commonly determined from a standard 

tensile test which consists of gradually loading a standard specimen of a 

material and noting the corresponding values of load and elongation until 

the specimen fractures. 
  

 The stress is determined by dividing the load values by the original cross-

sectional area of the specimen.  
 

 The elongation is measured by determining the amounts that two reference 

points on the specimen are moved apart by the action of the machine.  
 

 A stress-strain diagram for mild steel under tensile test is shown in the 

following Figure and the various properties of the material are discussed 

below: 

 
 

(i) Proportional limit 
  

 From the diagram, point O to A is a straight line which represents that the 

stress is proportional to strain.  
 

 Beyond point A, the curve slightly deviates from the straight line.  
 

 Hooke's law holds the point A and it is known as proportional limit.  
 

 It is defined as that stress at which the stress-strain curve begins to deviate 

from the straight line. 
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(ii) Elastic limit  
 

 If the load is increased beyond point A up to the point B, the material will 

regain its shape and size when the load is removed due to the elastic 

properties of the material which is known as elastic limit.  
 

(iii) Yield point  
 

 If the material is stressed beyond point B, the plastic stage will reach (i.e.) on 

the removal of the load, the material will not be able to recover its original 

size and shape.  
 

 Beyond point B, the strain increases at a faster rate with any increase in the 

stress until the point C is reached.  
 

 At this point, the material yields before the load and there is an appreciable 

strain without any increase in stress.  
 

 The points C and D are called the upper and lower yield points respectively. 

The stress corresponding to yield point is known as yield point stress. 

 

(iv) Ultimate stress  
 

 At D, the specimen regains some strength and higher values of stresses are 

required for higher strains, than those between A and D.  
 

 The stress (or) load goes on increasing till the point E is reached.  
 

 The gradual increase in the strain (or) length of the specimen is followed 

with the uniform reduction of its cross-sectional area.  

 

(v) Breaking stress  
 

 After the specimen has reached the ultimate stress, a neck is formed, which 

decreases the cross-sectional area of the specimen. 
 

 The stress (or) load necessary to break away the specimen, is less than the 

maximum stress.  
 

 The stress is reduced until the specimen breaks away at point F. The stress 

corresponding to point F is known as breaking stress. 
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(vi) Percentage reduction in area  
 

 It is the difference between the original cross-sectional area and cross-

sectional area at the neck (i.e.) where the fracture takes place.  
 

 This difference is expressed as percentage of the original cross-sectional 

area. 

                  Percentage reduction in area = [(A-a)/A] x 100 
 

Where, A = Original cross-sectional area, and 

               a = Cross-sectional area at the neck. 
 

(vii)     Percentage elongation  
 

 It is the percentage increase in the standard gauge length (i.e.) original 

length obtained by measuring the fractured specimen after bringing the 

broken parts together. 

            Percentage elongation = [ (L – l) / l] x 100 

Where, l = Gauge length or original length, and 

             L = Length of specimen after fracture (or) final length. 

 

Problem 2 
 

A mild steel rod of 12 mm diameter was tested for tensile strength with the 

gauge length of 60 mm. The following observations were recorded for tensile test: 

Final length = 80 mm; Final diameter = 7 mm; Yield load = 3.4 kN and Ultimate load 

= 6.1 kN. Calculate: 1. yield stress, 2. ultimate tensile stress, 3. percentage reduction 

in area, and 4. percentage elongation. 
 

Given data: 
 

Diameter of mild steel rod,   D = 12 mm  

The gauge length of the rod,  l = 60 mm  

Final length of the rod,           L = 80 mm 

Final diameter of the rod,     d = 7 mm  

Yield load,                             Wy = 3.4 kN = 3400 N and,  

Ultimate load,                     Wu = 6.1 kN = 6100 N  
 



 

 

 

 
 

 

To find: 

 1. yield stress,                            y = ?    

 2. ultimate tensile stress,        u = ?    

 3. percentage reduction in area  =?  

 4. percentage elongation             =? 

 

Solution: 
 

The original area of the rod, A = (/4)x D2 

             = (/4)x 122 

                       A = 113 mm2 
 

And the final area of the rod, a = (/4)x d2 

     = (/4)x 72 

               a = 38.5 mm2 
 

1. Yield stress 
 We know the yield stress,     y = (Wy / A) 

                                                        = (3400/113) 

    y = 30.1 N/mm2 

2. Ultimate tensile stress 

 We know  

The ultimate tensile stress,     u = (Wu / A) 

                                                         = (6100/113) 

                          u= 54 N/mm2 

3. Percentage reduction in area  

 We know that 

The percentage reduction in area = [(A - a) / A] x 100 

         = [(113 – 38.5) / 113] x 100 

        = 66 % 

 



 

 

 

4. Percentage elongation  

 We know that 

The percentage elongation            = [(L - l) / l] x 100 

        = [(80 – 60) / 60] x 100 

       = 33.33 % 

Results: 
 

 1. yield stress,                           y = 30.1 N/mm2   

 2. ultimate tensile stress,       u = 54 N/mm2    

 3. percentage reduction in area = 66 %  

 4. percentage elongation             = 33.33 % 

 
 

Working Stress 
 

 When designing machine parts, it is desirable to keep the stress lower than the 

maximum or ultimate stress at which failure of the material takes place. This 

stress is known as the working stress (or) design stress. It is also known as safe 

or allowable stress. 
 

 

Factor of Safety 
 

 It is defined as the ratio of the maximum stress to the working stress.  
 

Mathematically, 

    
 

Selection of Factor of Safety 
 

The selection of a proper factor of safety to be used in designing any machine 

component depends upon a number of considerations, such as the material, 

mode of manufacture, type of stress, general service conditions and shape of 

the parts.  
 

 



 

 

 

 The reliability of the properties of the material and change of these 
properties during service 
 

 The reliability of test results and accuracy of application of these results 
to actual machine parts 

 

 

 The reliability of applied load 
 

 The certainty as to exact mode of failure 
 

 The extent of simplifying assumptions  
 

 The extent of localised stresses  
 

 The extent of initial stresses set up during manufacture  
 

 The extent of loss of life if failure occurs and 
 

 The extent of loss of property if failure occurs. 
 

Values of factor of safety 

 

 

 

 

 

 

 
 

Poisson's Ratio 
 

 When a body is stressed within elastic limit, the lateral strain bears a 

constant ratio to the linear strain.  
 

Mathematically, 

 
 

 This constant is known as Poisson's ratio and is denoted by 1/m or µ. 

 

 
 

Material Steady load Live load Shock load 

Cast iron 5 to 6 8 to 12 16 to 20 

Wrought iron 4 7 10 to 15 

Steel 4 8 12 to 16 

Soft materials & alloys 6 9 15 

Leather 9 12 15 

Timber 7 10 to 15 20 



 

 

 

Values of Poisson’s ratio  
 

Sl.No. Material Poisson’s ratio (1/m or µ) 

1 Steel 0.25 to 0.33 

2 Cast iron 0.23 to 0.27 
3 Copper 0.31 to 0.34 

4 Brass 0.32 to 0.42 

5 Aluminium 0.32 to 0.36 
6 Concrete 0.08 to 0.18 

7 Rubber 0.45 to 0.50 
 

Impact Stress 
 

 Machine members are subjected to the load with impact. The stress 

produced in the member due to the falling load is known as impact stress. 
 

 
Consider a bar carrying a load W at a height h and falling on the collar provided at 

the lower end, as shown in above Figure. 
 

Let,   A = Cross-sectional area of the bar 

           E = Young's modulus of the material of the bar 

            l = Length of the bar 

          l = Deformation of the bar 

          P = Force at which the deflection l is produced 

         i = Stress induced in the bar due to the impact load and 

         h  = Height through which the load falls 



 

 

 

 We know, 

   The energy gained by the system in the form of strain energy 

=  (1/2) x P x l 

       and potential energy lost by the weight 

                                       = W (h + l) 

Since the energy gained by the system is equal to the potential energy lost by the 

weight. 

Therefore, 
 

 
 

From the above quadratic equation,  
 

We find that 
 

 
 

Problem 3 
 

An unknown weight falls through 10 mm on a collar rigidly attached to the 

lower end of a vertical bar 3 m long and 600 mm2 in section. If the maximum 

instantaneous extension is known to be 2 mm, what is the corresponding stress and 

the value of unknown weight? Take E = 200 kN/mm2. 
 

Given data: 
 

Height through which the load falls, h = 10 mm  

            Length of the bar,                                  l = 3 m = 3000 mm 

        Cross-sectional area of the bar,             A = 600 mm2 

         Deformation of the bar,                        l = 2 mm 

        Young's modulus of the material,          E = 2 × 105 N/mm2  
  



 

 

  

To find: 
 

1. Stress in the bar,             = ?    

2. Unknown weight,         W = ?    

Solution: 
 

 We know, Young's modulus, E =  /   =  ( x l)/ l 

            Stress,  = (E x l)/l 

                                                                      = (2 × 105 x 2) / 3000 

               = 133.33  N/mm2

We know, 

 

Results: 
 

1. Stress in the bar,             = 133.33  N/mm2    

 2. Unknown weight,        W = 6666.7 N   

 

 

 

 

 



 

 

 

Strain energy 
 

 When a body is loaded within elastic limit, it changes its dimensions and on 
the removal of the load, it regains its original dimensions.  
 

 It remains loaded, it has stored energy in itself. On removing the load, the 
energy stored is given off as in the case of a spring.  
 

 This energy, which is absorbed in a body when strained within elastic limit, is 
known as strain energy. The strain energy is always capable of doing some 
work. 

 

Resilience 

 The strain energy stored in a body due to external loading, within elastic 
limit is known as resilience. 
 

Proof Resilience 

 The maximum energy which can be stored in a body up   
 

Modulus of Resilience 

 The proof resilience per unit volume of a material is known as modulus of 
resilience.  

 

Mathematically,  

Strain energy stored in a body  
 

   U = (2 x V) /2E 

Where,  = Tensile (or) compressive stress 

V = Volume of the body and 

E = Young's modulus of the material  

 

 

 

 

 

 
 



 

 

 
 

TORSIONAL SHEAR STRESS ON MACHINE MEMBERS 
 

(i) Torsional Shear Stress 
 

 When a machine member is subjected to the action of two equal and 
opposite couples acting in parallel planes (or) torque (or) twisting moment, 
then the machine member is said to be subjected to torsion.  
 

 The stress set up by torsion is known as torsional shear stress.  
 

 It is zero at the centroidal axis and maximum at the outer surface. 
 

 Torsional Equation 
 

 Consider a shaft fixed at one end and subjected to a torque (T) at the other 
end as shown in below Figure.  
 

 As a result of this torque, every cross-section of the shaft is subjected to 
torsional shear stress.  
 

 The torsional shear stress is zero at the centroidal axis and maximum at the 
outer surface.  
 

 The maximum torsional shear stress at the outer surface of the shaft may be 
obtained from the following equation. 

 

 

 
 

 



 

 

Where,  = Torsional shear stress induced at the outer surface of the shaft 

                             (or) maximum shear stress 
 

r = Radius of the shaft 
 

T = Torque or twisting moment 
 

J = Second moment of area of the section about its polar axis (or) 

      polar moment of inertia 
 

C = Modulus of rigidity for the shaft material 
 

l = Length of the shaft and 
 

 = Angle of twist in radians on a length l 
 

Assumptions for the torsion equation  
 

 The material of the shaft is uniform throughout. 
 

 The twist along the length of the shaft is uniform. 
 

 The normal cross-sections of the shaft, which were plane and circular before 

twist, remain plane and circular after twist. 
 

 All diameters of the normal cross-section which were straight before twist, 

remain straight with their magnitude unchanged, after twist. 
 

 The maximum shear stress induced in the shaft due to the twisting moment 

does not exceed its elastic limit value. 
 

Note: 

1) For solid shaft with a diameter (d),  

  The polar moment of inertia,  

                                   

  Torque developed,  

                                  

 

 



 

 

 
 

2) For hollow shaft with a external diameter (do) and internal diameter (di), 

 
  The polar moment of inertia,  

                                   

  Torque developed,  

 
 

3) Torsional Rigidity of the shaft = (C x J) 

4) The power transmitted by the shaft (in watts), 
   

 

 

Problem 4 
 

A shaft is transmitting 100 kW at 160 rpm. Find a suitable diameter for the 

shaft, if the maximum torque transmitted exceeds the mean by 25%. Take 

maximum allowable shear stress as 70 MPa. 
 

Given data: 
 

Power transmitted,                P = 100 kW = 100 x 103 Watts  

           Speed of the shaft,                 N = 160 rpm 

           Max. Torque,                       Tmax = 1.25 x Tmean  

   Max. allowable shear stress,  = 70 MPa = 70 N/mm2 
  

 To find: 
 

Diameter of the shaft, d = ?    
 

Solution: 

We know that Power Transmitted,  



 

 

                              

                                 

The maximum torque transmitted,  

                                          Tmax = 1.25 x Tmean 

                                                  = 1.25 x 5966.6 = 7458 N-m 

                                          Tmax = 7458 x 103 N-mm 

 

 

We know the maximum torque,   

                                          

                                

                                                     d = 81.5 mm  85 mm 
 

Result: 
 

Diameter of the shaft,            d = 85 mm   
 

Problem 5 
 

A shaft is transmitting 97.5 kW at 180 rpm. If the allowable shear stress in the 

material is 60 MPa, find the suitable diameter for the shaft. The shaft is not to twist 

more that 1° in a length of 3 metres. Take G = 80 GPa. 
 

Given data: 
 

         Power transmitted,               P = 97.5 kW = 97.5 x 103 Watts  

         Speed of the shaft,                N = 180 rpm 

        Max. allowable shear stress,  = 60 MPa = 60 N/mm2 

        Angle of twist,                         = 1° = 1o x ( /180o) = 0.0174 rad 

        Length of shaft,                      L = 3 m = 3000 mm 

        Modulus of rigidity,             G = 80 GPa = 80 x 103 N/mm2 



 

 

          

 To find: 
 

Diameter of the shaft,        d = ?    
 

Solution: 
 

We know that Power Transmitted,  

                              

                                 

         T = 5172 x 103 N-mm 
 

Based on the strength of the shaft 
 
 

The maximum torque transmitted,  

                                                         

             

                                                           d = 76 mm 
 

Based on the stiffness of the shaft 
 

The polar moment of inertia,  

                                            

                                                = 0.0982 d4 

 

 

 



 

 

 

We know that,                                     

       
 

                                 

                                           d = 103 mm  105 mm 
 

Taking the larger of two values, d= 105 mm 

 

Result: 
 

Diameter of the shaft, d = 105 mm    

 

BENDING STRESS IN STRAIGHT BEAMS 
 

 The machine parts of structural members may be subjected to static (or) 
dynamic loads which cause bending stress in the sections besides other 
types of stresses such as tensile, compressive and shearing stresses. 

 

      
 

Assumptions for the bending equation  
 

 The material of the beam is perfectly homogeneous (i.e.) of the same 

material throughout and isotropic (i.e.) of equal elastic properties in all 

directions. 
 

 The material of the beam obeys Hooke’s law. 
 

 The transverse sections (i.e.) BC or GH which were plane before 

bending, also remain plane after bending. 



 

 

 

 Each layer of the beam is free to expand or contract, independently, of 

the layer, above or below it. 
 

 The Young’s modulus (E) is the same in tension and compression. 
 

 The loads are applied in the plane of bending. 
 

Theory of bending  
 

 When the beam is subjected to the bending moment (M), the fibres on 

the upper side of the beam will be shortened due to compression and 

those on the lower side will be elongated due to tension.  
 

 It may be seen that somewhere between the top and bottom fibres 

there is a surface at which the fibres are neither shortened nor 

lengthened and the corresponding surface is called neutral surface.   
 

 The intersection of the neutral surface with any normal cross-section of 

the beam is known as neutral axis. 
 

 The bending equation is given by 
 

 
 

        Where         M = Bending moment acting at the given section, 

                               = Bending stress, 

                               I = Moment of inertia of the cross-section about the neutral axis,  

                              y = Distance from the neutral axis to the extreme fibre,                                      

                              E = Young’s modulus of the material of the beam,  

                              R = Radius of curvature of the beam. 

From the above equation, the bending stress is given by 
 

                             b =  = y x (E/R) 

Since E and R are constant, therefore within elastic limit, the stress at any 
point is directly proportional to y, i.e. the distance of the point from the neutral 
axis. 

 

 

 



 

 

 

Also from the above equation, the bending stress, 
 

b = (M/I) x y = M/(I/ y) = M/Z 

     The ratio (Z = I/y) is known as section modulus. 

 

 
 



 

 

 

 

 

 
 

 

 



 

 

 

 
 

Problem 6 

 
A pump lever rocking shaft is shown in Figure and the pump lever exerts forces 

of 25 kN and 35 kN concentrated at 150 mm and 200 mm from the left and right 

hand bearing respectively. Find the diameter of the central portion of the shaft, if 

the stress is not to exceed 100 MPa. 

  

 
 
Given data: 
 

        Max. allowable bending stress, b= 100 MPa = 100 N/mm2 
                 



 

 

  
To find: 
 

Diameter of the shaft, d = ?    
 

Solution: 
 

Let,  RA and RB = Reactions at A and B respectively.  

                    Fx = 0 

        Fy = 0 

RA + RB = 60 x 103 N  ---------(1) 

Taking moments about A, we have 

MA = 0 

(RA× 0) - (25 × 103) - (35 × 103) + RB × 950 = 0 

 RB = 30 000 / 950 = 31.58 kN = 31.58 × 103 N 

and RA = (25 + 35) – 31.58 = 28.42 kN = 28.42 × 103 N 
 

Bending moment at C 

= RA × 150 = 28.42 × 103 × 150 = 4.263 × 106 N-mm 

       and   bending moment at D  

     = RB × 200 = 31.58 × 103 × 200 = 6.316 × 106 N-mm 
 

The maximum bending moment is at D, therefore maximum bending moment,  

                                            M = 6.316 × 106 N-mm. 
 

We know the Section modulus,  

         Z  = (/32) x d3 =0.0982 d3 

We know that bending stress, (b)  

        b = (M/Z) 

     100 = (6.316 × 106 /0.0982 d3) 

         d = 86.3 mm  90 mm 

Result: 
 

Diameter of the shaft, d = 90 mm     

 

 



 

 

 

BENDING STRESS IN CURVED BEAMS 
 

Bending Stress in Curved Beams 
 

 In straight beams, the neutral axis of the section coincides with its centroidal 
axis and the stress distribution in the beam is linear.  
 

 Whereas in curved beams, the neutral axis of the cross-section is shifted 
towards the centre of curvature of the beam causing a non-linear 
(hyperbolic) stress distribution.   

 

             
 The neutral axis lies between the centroidal axis and the centre of curvature 

and always occurs within the curved beams.  
 

 The application of curved beam principle is used in crane hooks, chain links 
and frames of punches, presses, planers etc. 
 

 Consider a curved beam subjected to a bending moment M, as shown in 
Figure. In finding the bending stress in curved beams, the same assumptions 
are used as for straight beams.  

 

 The general expression for the bending stress (b) in a curved beam at any 
fibre at a distance y from the neutral axis, is given by 

 
 

  Where, M = Bending moment acting at the given section about the  
                                    centroidal axis 
                                    

                                   A = Area of cross-section 

 



 

 

    

                                   e = Distance from the centroidal axis to the neutral axis 

                                      = R – Rn 
 

                                  R = Radius of curvature of the centroidal axis 
 

          Rn = Radius of curvature of the neutral axis and 
 

            y = Distance from the neutral axis to the fibre.  
 

               = It is positive for the distances towards the centre of    
                  curvature and negative for the distances away from the 
                  centre of curvature. 

Notes:  

 The bending stress in the curved beam is zero at a point other than at 
the centroidal axis. 
 

 If the section is symmetrical such as a circle, rectangle, I-beam with 
equal flanges, then the maximum bending stress will always occur at 
the inside fibre. 
 

 If the section is unsymmetrical, then the maximum bending stress may 
occur at either the inside fibre (or) the outside fibre.  

 

 The maximum bending stress at the inside fibre is given by 
 

                             

                 Where,   yi = Distance from the neutral axis to the inside fibre  

                                      = Rn – Ri and 

                                 Ri = Radius of curvature of the inside fibre. 
 

 The maximum bending stress at the outside fibre is given by 

                            

                  Where,  yo = Distance from the neutral axis to the outside fibre  

                                      = Ro – Rn  and 

                      Ro = Radius of curvature of the outside fibre. 

 



 

 

 

 It may be noted that the bending stress at the inside fibre is tensile 
while the bending stress at the outside fibre is compressive. 
 

 If the section has an axial load in addition to bending, then the axial or 

direct stress (d) must be added algebraically to the bending stress, in 
order to obtain the resultant stress on the section.  

 

In other words,     Resultant stress, R = d ± b 

 

Rn and R for various cross-section in curved beams 
 

 

 
 

 



 

 

 

 

 
 

 



 

 

 

Problem 7 

 
The frame of a punch press is shown in Figure. Find the stresses at the inner 

and outer surface at section X-X of the frame, if W = 5000 N. 

 
 

Given data: 
 

  Load applied, W = 5000 N 

           Dimensions of given cross-section, bi = 18 mm; bo = 6 mm; and h = 40 mm 

Radius of curvature of the inside fibre, Ri = 25 mm   

 To find: 
 

Maximum bending stress at the inner surface, bi = ? 

Maximum bending stress at the outer surface, bo = ?  

Resultant bending stress at the inner surface, (R)bi = ? 

Resultant bending stress at the outer surface, (R)bo = ?   

 

 

Solution: 
 

Radius of curvature of the outside fibre 

                  Ro = Ri + h (From the given figure) 

           Ro = 25 + 40 = 65 mm 

 

 



 

 

 

        We know that the area of section at X-X, 

A = (1/2) x (18 + 6) x 40 = 480 mm2 

 

        Also, we know that radius of curvature of the neutral axis,

 

and radius of curvature of the centroidal axis, 

                                    

                                        
 
                                       = 25 + 16.67 = 41.67 mm 
 

Distance between the centroidal axis and neutral axis, 

                                    e = R – Rn 

                                       = 41.67 – 38.83  

                                    e = 2.84 mm 
 

and the distance between the load and centroidal axis, 

                                   x = 100 + R  

                                      = 100 + 41.67  

                                   x = 141.67 mm 
 

Bending moment about the centroidal axis, 

                                 M = (W * x)  

                                     = 5000 × 141.67  

                                M = 708 350 N-mm 



 

 

 

The section at X-X is subjected to a direct tensile load of W = 5000 N and a bending 
moment of M = 708 350 N-mm.  
 

We know that direct tensile stress at section X-X, 

                          
                               = (5000/480) = 10.42 N/mm2 

 

Distance from the neutral axis to the inner surface, 

                             yi = Rn – Ri      

                                 = 38.83 – 25  

                              yi = 13.83 mm 

 

Distance from the neutral axis to the outer surface, 

                           yo = Ro – Rn  

                                = 65 – 38.83  

                            yo = 26.17 mm 

 

We know that maximum bending stress at the inner surface, 

                        

                                 

                                = 287.4 N/mm2 (tensile) 



 

 

                       

Maximum bending stress at the outer surface, 

                           

                                 
                                = 209.2 N/mm2 (Compressive)  
 

 

Resultant stress on the inner surface 
 

                               = t + bi  

                               = 10.42 + 287.4  

                               = 297.82 MPa (tensile)  
 

and resultant stress on the outer surface, 
 

                               = t + bo  

                               = 10.42 +(– 209.2)  
                              = 198.78 MPa (compressive)  
 

Results: 
 

Maximum bending stress at the inner surface,     bi = 287.4 N/mm2 (tensile) 

Maximum bending stress at the outer surface,    bo = 209.2 N/mm2 (Compressive) 

Resultant bending stress at the inner surface,  (R)bi = 297.82 MPa (tensile) 

Resultant bending stress at the outer surface, (R)bo = 198.78 MPa (compressive) 

 

Principal Stresses and Principal Planes 
 

 At any point in a strained material, there are three planes, mutually 
perpendicular to each other which carry direct stresses only and no shear 
stress.  
 

 These three direct stresses, one will be maximum and the other will be 
minimum.  
 

 These perpendicular planes which have no shear stress are known as 
principal planes and the direct stresses along these planes are known as 
principal stresses.  
 

 The planes on which the maximum shear stress acts are known as planes of 
maximum shear.



 

 

 

The normal stress across any oblique section, 
 

                            n =    1 
 

The tangential stress (or) shear stress across the oblique section                               2      

                            t =  
 

The maximum principal (or) normal stress 
 

                          max =   

 

and minimum principal (or) normal stress 
 

                            min =  
 

The maximum shear stress  

  max = (max -min)/2 =  

   

Problem 7 

 
The frame of a punch press is shown in Figure. Find the stresses at the inner 

and outer surface at section X-X of the frame, if       W = 5000 N. 



 

 

 
 

Given data: 
 

  Load applied, W = 5000 N 

           Dimensions of given cross-section, bi = 18 mm; bo = 6 mm; and h = 40 mm 

Radius of curvature of the inside fibre, Ri = 25 mm   

                  

Problem 8 
 

A hollow shaft of 40 mm outer diameter and 25 mm inner diameter is 

subjected to a twisting moment of 120 N-m, simultaneously it is subjected to an 

axial thrust of 10 kN and a bending moment of 80 N-m. Calculate the maximum 

compressive and shear stresses. 
 

Given data: 
 

  Outer diameter of the shaft, do = 40 mm 

          Inner diameter of the shaft,    di = 25 mm  

Axial thrust,                               P = 10 kN = 10 x 103 N 

          Twisting moment,                      T = 120 N-m = 120 x 103 N-mm  

          Bending moment,                     M = 80 N-m = 80 x 103 N-mm     

 To find: 
 

Maximum compressive stress, (c)max = ? 

Maximum shear stress,                  max = ?  



 

 

 
Solution: 

We know that cross-sectional area of the hollow shaft, 

                             

                                 
                             A = 766 mm2 

Direct compressive stress due to axial thrust, 

                          
 

                               
 

                        o = 13.05 N/mm2 
 
Section modulus of the shaft 

                             
 

                                 
 
                               Z = 5325 mm3 
 
Bending stress due to bending moment, 

                      

                              
  

                         b = 15.02 N/mm2 (compressive) 
 
 
 



 

 

 
and resultant compressive stress, 
 

                      
 
                             = 15.02 + 13.05  
 

                        1 = c = 28.07 N/mm2  
 
We know that twisting moment 
 

                          
 

        
 

                          = 11.27 N/mm2  
 
Maximum compressive stress 

We know that maximum compressive stress 
 

                     
                     (c)max = 32.035 N/mm2 
 
Maximum shear stress 
 

                      
                     max = 18 N/mm2 

Results: 
 

Maximum compressive stress, (c)max = 32.035 N/mm2 

Maximum shear stress, max = 18 N/mm2  



 

 

 
 

Problem 9  ***** 
 

A shaft has shown in Figure is subjected to a bending load of 3 kN, pure torque 

of 1000 N-m and an axial pulling force of 15 kN. Calculate the stresses at A and B. 

 

Given data: 
 

          Applied vertical load,             W = 3 kN = 3000 N 

          Torque applied,                         = 1000 N-m = 1000 x 103 N-mm  

          Axial Force,                               P = 15 kN = 15 x 103 N 

          Diameter of the shaft,            d = 50 mm  

          Distance between the load to the fixed end,      

                                                              x = 250 mm              

 To find: 
 

Stresses at point A = ? 

Stresses at point B = ? 

Solution: 
 

We know that cross- sectional area of the shaft 

                          
                            A = 1964 mm2 

 
Tensile stress due to axial pulling at points A and B 

                         



 

 

                               

                         o = 7.64 N/mm2 
 

Bending moment at points A and B, 
 

                        M = (W * x)  

                            = 3000 × 250 = 750 × 10
3 N-mm 

 

Section modulus for the shaft 

                      

                          

                     Z = 12.27 × 103 mm3 

 

Bending stress at points A and B 

                   

                        

                   b = 61.1 N/mm2  
 
From the figure, this bending stress is tensile at point A and compressive at point B. 
 

Resultant tensile stress at point A, 

                 A = b + o  

                      = 61.1 + 7.64 

                 1 = A = 68.74 N/mm2 

 

and resultant compressive stress at point B, 

        B = b - o  

                      = 61.1 - 7.64 

               1 = B = 53.46 N/mm2 

 



 

 

 
We know that the shear stress at points A and B due to the torque transmitted 

                  

                    
                  = 40.74 N/mm2  
 

Stresses at point A 

We know that maximum principal (or) normal stress at point A 
 

                           

                                        
                                        = 34.37 + 53.3  

                           (A)max = 87.67 N/mm2 (tensile)  

 

Minimum principal (or) normal stress at point A, 
 

                          

                                         
                                         = 34.37 - 53.3  

                             (A)min = 18.93 N/mm2 (compressive)  

 

and maximum shear stress at point A 
 

                          

                                         
                             (A)max = 53.3 N/mm2 

 

 



 

 

 
Stresses at point B 

We know that maximum principal (or) normal stress at point B 

                                  

                                               
                                              = 26.73 + 48.73  

                                (B)max  = 75.46  N/mm2 (compressive)  

 

Minimum principal (or) normal stress at point B, 
 

                                 

                                            
                                            = 26.73 - 48.73  

                              (B)min  = 22 N/mm2 (tensile) 
 

and maximum shear stress at point B 
 

                             

                                            
                               (B)max = 48.73 N/mm2 

Results: 
 
Stresses at point A 

Max. principal (or) normal stress at point A, A(max) = 87.67 N/mm2 (tensile)  
 

Min. principal (or) normal stress at point A, A(min) = 18.93 N/mm2 (compressive)  
 

Max. shear stress at point A,                           A(max) = 53.3 N/mm2 

 
Stresses at point B 

Max. principal (or) normal stress at point B, B(max) = 75.46  N/mm2 (compressive) 
 

Min. principal (or) normal stress at point B,  B(min) = 22 N/mm2 (tensile) 
 

Max. shear stress at point B,                             B(max) = 48.73 N/mm2 



 

 

 

Theories of Failure Under Static Load 
 

 The principal theories of failure for a member subjected to bi-axial stress are 
as follows: 

 

 Maximum principal (or) normal stress theory (Rankine’s theory). 
 

 Maximum shear stress theory (Guest’s (or) Tresca’s theory) 
 

 Maximum principal (or) normal strain theory (Saint Venant theory) 
 

 Maximum strain energy theory (Haigh’s theory) 
 

 Maximum distortion energy theory (Hencky and Von Mises theory) 
 

 The ductile materials fail by yielding (i.e.) when permanent deformations 

occur in the material while the brittle materials fail by fracture.  
 

 

 For ductile materials, the limiting strength is the stress at yield point as 

determined from simple tension test and it may be tension (or) 

compression.  
 

 For brittle materials, the limiting strength is the ultimate stress in tension 

(or) compression. 
 

Maximum Principal (or) Normal Stress Theory (Rankine’s Theory) 
 

 According to this theory, the failure (or) yielding occurs at a point in a 
member when the maximum principal (or) normal stress in a bi-axial stress 
system reaches the limiting strength of the material in a simple tension test. 
 

 Since the limiting strength for ductile materials is yield point stress and the 
limiting strength for brittle materials is ultimate stress. 
 

 Therefore according to the above theory, taking factor of safety (F.S.) into 

consideration, the maximum principal (or) normal stress (t1) in a bi-axial 

stress system is given by 
 

                           

          Where,  yt = Yield point stress, and 

                            u = Ultimate stress 

 



 

 

 
 

Maximum Shear Stress Theory (Guest’s (or) Tresca’s Theory) 
 

 According to this theory, the failure (or) yielding occurs at a point in a 
member when the maximum shear stress in a bi-axial stress system reaches 
a value equal to the shear stress at yield point in a simple tension test.  

 

Mathematically, 
 

     
 

              Where,   max = Maximum shear stress in a bi-axial stress system, 

                                 yt = Shear stress at yield point, and 

                               F.S. = Factor of safety 

 Since the shear stress at yield point in a simple tension test is equal to one-
half the yield stress in tension, therefore the above equation may be written 
as, 

                              
 

 This theory is mostly used for designing members of ductile materials. 
 

Maximum Principal Strain Theory (Saint Venant’s Theory) 
 

 According to this theory, the failure (or) yielding occurs at a point in a 
member when the maximum principal (or) normal strain in a bi-axial stress 
system reaches the limiting value of strain (i.e.) strain at yield point as 
determined from a simple tensile test.  
 

 The maximum principal (or) normal strain in a bi-axial stress system is given 
by 

 

                               

According to the above theory, 

                           

            Where, t1 and t2 = Maximum and minimum principal   

                                                                                         stresses in a bi-axial stress system 

                                                         = Strain at yield point  



 

 

                                               1/m = Poisson’s ratio 

                                                    E = Young’s modulus and 

                                                 F.S = Factor of safety 

Finally, the above equation may be written as,  

                                         (or)    t1 – (µ *t2) = (yt / F.S) 

 

Maximum Strain Energy Theory (Haigh’s Theory) 
 

 According to this theory, the failure (or) yielding occurs at a point in a 
member when the strain energy per unit volume in a bi-axial stress system 
reaches the limiting strain energy (i.e.) strain energy at the yield point per 
unit volume as determined from simple tension test. 
 

 According to the above theory 
 

                          
 

 This theory may be used for ductile materials. 
 

Maximum Distortion Energy Theory (Hencky and Von Mises Theory) 
 

 According to this theory, the failure (or) yielding occurs at a point in a 
member when the distortion strain energy per unit volume in a bi-axial 
stress system reaches the limiting distortion energy (i.e.) distortion energy 
at yield point per unit volume as determined from a simple tension test.  
 

 Mathematically, the maximum distortion energy theory for yielding is 
expressed as 

                               

 
 
 
 
 

2 



 

 

 
Problem 10 
 

The load on a bolt consists of an axial pull of 10 kN together with a transverse 

shear force of 5 kN. Find the diameter of bolt required according to 1. Maximum 

principal stress theory; 2. Maximum shear stress theory; 3. Maximum principal 

strain theory; 4. Maximum strain energy theory; and 5. Maximum distortion energy 

theory. Take permissible tensile stress at elastic limit = 100 MPa and poisson’s ratio 

= 0.3. 
 

Given data: 
 

        Axial tensile load,            Pt = 10 kN = 10 x 103 N 

          Transverse shear load,   Ps = 5 kN = 5 x 103 N-mm  

          Permissible tensile stress at elastic limit,  

                                                     t = 100 N/mm2  and  

          Poisson’s ratio,                µ = 0.3 

             

 To find: 
 

Diameter of the bolt,    d = ? 
 

 

Solution: 
 

 

 

 



 

 

 

 

 

                               

 

 

 

 

 

 

 

 



 

 

 

 

 

                                                     
 

     

 

 

                                                     

 

 

 

 

 



 

 

 

            

                                                     

 

                                                                 (or) 

t1 – (µ *t2) = (yt / F.S)     (Assume F.S = 1) 
 

                 

 

 

 



 

 

 

 

           

Result: 
 

Diameter of the bolt,                                   d = 13.42 mm 
 

Eccentric Loading - Combined Direct and Bending Stresses  
 

 
 

 



 

 

 

 An external load, whose line of action is parallel but does not coincide with 
the centroidal axis of the machine component, is known as an eccentric 
load.  
 

 The distance between the centroidal axis of the machine component and 
the eccentric load is called eccentricity and is generally denoted by ‘e’. 
 

 The examples of eccentric loading, from the subject point of view, are C-
clamps, punching machines, brackets, offset connecting links etc. 

 

        
 

       
 

 

 

 



 

 

 

Problem 11 
 

A cast-iron link as shown in Figure which carries a load of 20 kN. If the tensile 

and compressive stresses in the link are not to exceed 25 MPa and 80 MPa 

respectively, obtain the dimensions of the cross-section of the link at the middle of 

its length. 

 

Given data: 
 

  Axial tensile load,                           Pt = 20 kN = 20 x 103 N 

          Permissible tensile stress,             t = 25 N/mm2  and  

Permissible compressive stress, c = 800 N/mm2  

          Poisson’s ratio,                                 µ = 0.3 
             
 To find: 
 

Dimension of the link at the middle, a =? 

 

 
Solution: 
 

 

 

 

 



 

 

 

           

 
 

 

  

 

 

 

 



 

 

 

 
 

 

 

 

 



 

 

 

 

Result: 
 

Dimension of the link at the middle, a = 19.76 mm 

 

Problem 12 
 

 

A mild steel bracket as shown in Figure, is subjected to a pull of 6000 N acting 

at 45° to its horizontal axis. The bracket has a rectangular section whose depth is 

twice the thickness. Find the cross-sectional dimensions of the bracket, if the 

permissible stress in the material of the bracket is limited to 60 MPa. 

 

 

 

 



 

 

 

Given data: 
 

  Load applied,                         P = 6 kN = 6 x 103 N 

  Angle of inclination,              = 45 to the horizontal 

         Permissible tensile stress,    t = 60 N/mm2  and  

             

 To find: 
 

Cross-sectional dimensions of the bracket, b and t =? 

 

Solution: 

         
 

 
 
 



 

 

 

 
 

            

 

 

 



 

 

 

 

               

Result: 
 

Cross-sectional dimensions of the bracket,  b = 56.8 mm, and t =28.4 mm 

 

Test after Topics completion 

 

1. What are assumptions made during stress analysis of curved beams?   

    (A) The material is non=isotropic 

    (B) The material is non homogeneous 

    (C) The material obeys hooke's law     

    (D) All of the above 
 

2. Drilling axial hole is a method used to achieve ______ 

    (A) Uniform strength  

    (B) Uniform stress  

    (C) Uniform toughness  

    (D) All of the above 
 

3. Why are mechanical springs used?  

     (A) To apply force  



 

 

     (B) To store energy  

     (C) To measure force  

     (D) All of the above 

 

4. Which material cannot be used to manufacture shafts?  

     (A) Plain carbon steels  

     (B)  Cast iron 

     (C)  Both (A) and (B) 

     (D) None of the above 
 

5. Torsional Shear Stress is the stress induced when a component is subjected to  

     equal and opposite _______.  

     (A) forces acting in perpendicular direction 

     (B)  couples acting in perpendicular direction 

     (C)  couples acting in parallel planes 

     (D)  forces acting in parallel direction 

 

Conclusion 
 

 The behaviour of the various simple machine components are thoroughly studied to 

develop the new design. 
 

 The study of the different stresses developed in the various machine members are 

discussed in stage by stage.  
 

 The knowledge enables the design engineer to solve the wide range of loading 

problems in machine elements which allows to understand the impact of the 

stresses.  
 

 Demo Videos 

https://www.youtube.com/watch?v=kZKmsJJDyn8 
 

https://www.youtube.com/watch?v=BcvITi0hrgY 
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UNIT – II 
 

VARIABLE STRESSES IN MACHINE PARTS 

 

Introduction 

• Many of the machine parts viz., axles, shafts, crankshafts, connecting rods, 

springs, pinion teeth etc. are subjected to variable (or) alternating loads (or) 

fluctuating (or) fatigue loads). 
 

Completely Reversed (or) Cyclic Stresses 

 

 
 

Reversed (or) cyclic stresses 
 

• When the load is applied on the rotating beam of circular cross-section, the 

upper fibres of the beam (i.e. at point A) are under compressive stress and 

the lower fibres (i.e. at point B) are under tensile stress.  
 

• After the half a revolution, the point B occupies the position of point A and 

the point A occupies the position of point B. 
 

• Thus the point B is now under compressive stress and the point A under 

tensile stress.  



 
σmax = +50 N/mm2  

σmin = -50 N/mm2  

σm = (σmax + σmin)/2 = (50 + (-50))/2 = 0 N/mm2 

σv = (σmax - σmin)/2 = (50 - (-50))/2 = 50 N/mm2 

 
 

• The speed of variation of these stresses depends upon the speed of the 
beam. 
 

• For each revolution of the beam, the stresses are reversed from compressive 

to tensile. 
 

• The stresses which vary from one value of compressive to the same value of 

tensile (or) vice versa, are known as completely reversed (or) cyclic stresses. 
 

      
 

   
Fluctuating stresses 
 

• The stresses which vary from a minimum value to a maximum value of the 

same nature (i.e.) tensile (or) compressive) are called fluctuating stresses. 
 



 

 

 

Repeated stresses 

• The stresses which vary from zero to a certain maximum value are called 

repeated stresses. 

 
 

 

 
 

Alternating stresses 

• The stresses which vary from a minimum value to a maximum value of the 

opposite nature (i.e.) from a certain minimum compressive to a certain 

maximum tensile (or) from a minimum tensile to a maximum compressive) 

are called alternating stresses. 
 

 



Fatigue  **** 

• When a material is subjected to repeated stresses, it fails at stresses below 

the yield point stresses and the type of failure of a material is known as 

fatigue.  

            

• In a rotating mirror beam method, a standard mirror polished specimen is 

rotated in a fatigue testing machine while the specimen is loaded in bending.  
 

• When the specimen rotates, the bending stress at the upper fibres varies 

from maximum compressive to maximum tensile while the bending stress at 

the lower fibres varies from maximum tensile to maximum compressive.  
 

• In other words, the specimen is subjected to a completely reversed stress 

cycle. 
 

Endurance Limit (e) or (-1)  ******* 

• It is defined as maximum value of the completely reversed bending stress 

which a polished standard specimen can withstand without failure, for 

infinite number of cycles (usually 107 cycles). 
 

• The fatigue strength may be defined as the safe maximum stress which can 

be applied to the machine part working under actual conditions. 
 

Effect of Loading on Endurance Limit—Load Factor 

• The endurance limit (σe) of a material as determined by the rotating beam 
method is for reversed bending load.  



 

• There are many machine members which are subjected to loads other than 
reversed bending loads.  
 

• Thus, the endurance limit will also be different for different types of loading. 
 

Kb = Load correction factor for the reversed (or) rotating  

         bending load (usually Kb = 1).  

Ka = Load correction factor for the reversed axial load   

                (Usually Ka = 0.8).  

Ks = Load correction factor for the reversed torsional (or)  

        shear load.    e1 = e * Ka 

     = 0.55 for ductile materials  

     = 0.8 for brittle materials 

∴ Endurance limit for reversed bending load 

σeb = (σe * Kb) = σe           (Kb = 1) 

 

Endurance limit for reversed axial load 

                σea = (σe * Ka) = (σe * 0.8)  = (0.8 * σe)      (Ka = 0.8) 

 

Endurance limit for reversed torsional (or) shear load 

         σes =  τe = (σe * Ks) = (σe * 0.55)  = (0.55 * σe) (Ks = 0.55 for ductile mtls) 

        σes =  τe = (σe * Ks) = (σe * 0.8)  = (0.8 * σe) (Ks = 0.8 for brittle mtls) 

 

Effect of Surface Finish on Endurance Limit—Surface Finish Factor (Ksur) 

• When a machine member is subjected to variable loads, the endurance limit 

of the material for that member depends upon the surface conditions.  
 

• PSG Design data book Page No: 7.17 shows the values of surface finish 

factor for the various surface conditions and ultimate tensile strength. 
 



 

• The endurance limit for mirror polished material is maximum and it goes on 

reducing due to surface condition. 

Ksur = Surface finish factor 

Endurance limit, 

σe1 = (σeb * Ksur)  

       = (σe * Kb * Ksur) 

       = (σe * Ksur)            ( Kb = 1)  (For reversed bending load) 

 

σe1 = (σea * Ksur) 

     = (σe *Ka * Ksur)        (For reversed axial load) 

 

       σe1 = (τe * Ksur)  

            = (σe * Ks * Ksur)      (For reversed torsional or shear load) 

 

Note: 

• The surface finish factor for non-ferrous metals may be taken as unity. 
 

Effect of Size on Endurance Limit—Size Factor (Ksz) 



• If the size of the standard specimen is increased, then the endurance limit of 

the material will decrease.  
 

Ksz = Size factor 

Endurance limit, 

σe2 = (σe1 * Ksz) ...(Considering surface finish factor also) 

     = (σeb * Ksur * Ksz)  

     = (σe *Kb * Ksur * Ksz)  

     = (σe *Ksur * Ksz)                             ( Kb = 1) 

 

         σe2 = (σea * Ksur * Ksz)  

              = (σe * Ka * Ksur * Ksz)           (For reversed axial load) 

 

σe2 = (τe * Ksur * Ksz)  

     = (σe * Ks * Ksur * Ksz)   (For reversed torsional or shear load) 

 

Relation between Endurance Limit and Ultimate Tensile Strength 

 

For steel,       σe = 0.5 σu  

For cast steel,      σe = 0.4 σu  

For cast iron,      σe = 0.35 σu  

For non-ferrous metals and alloys,             σe = 0.3 σu                                   [    -1 = e ] 



 

Factor of Safety for Fatigue Loading  ****** 

• When a component is subjected to fatigue loading, the endurance limit is the 

criterion for failure. 
 

• Therefore, the factor of safety should be based on endurance limit.  
 

Mathematically, 

F.S = (Ultimate (or) Maximum stress) / (Design (or) Working stress) 

For static load  

F.S = (u / d) 

 

F.S = (Endurance limit stress) / (Design (or) Working stress) 

For variable (or) fatigue load 

F.S = (e / d) 

 

 

σu   &  σy      are directly available for all the materials in design data book     

Whereas, σe    &  e are not directly available for all the materials in design data 

book  

      σe   = ---- *  σu       and      σe   = ---- *  σy 

                       e   = ---- *  σe 

 

Note:   For steel, σe = 0.8 to 0.9 σy 

Where,  

 σe = Endurance limit stress for completely reversed stress cycle, and  

             σy = Yield point stress. 

 



Stress Concentration 

• Whenever a machine component changes the shape of its cross-section, the 

simple stress distribution no longer holds good and the neighbourhood of 

the discontinuity is different.  
 

• This irregularity in the stress distribution caused by abrupt changes of form is 

called stress concentration. 
 

 

• It occurs for all kinds of stresses in the presence of fillets, notches, holes, 

keyways, splines, surface roughness (or) scratches etc. 
 

Theoretical (or) Form Stress Concentration Factor, (Kt) ****** 

• The theoretical (or) form stress concentration factor is defined as the ratio of 

the maximum stress in a member (at a notch or a fillet) to the nominal stress 

at the same section based upon net area. 
 

Mathematically, theoretical (or) form stress concentration factor, 

 
Kt value depends upon the material and geometry of the part. 

 

Stress Concentration due to Holes and Notches 

• When the plate with transverse elliptical hole is subjected to a tensile load, 

from the stress-distribution curve, the stress at the point away from the hole 

is practically uniform and the maximum stress will be induced at the edge of 

the hole.  
 



 

 

 

The maximum stress is given by 

 

  

and, the theoretical stress concentration factor, 

 

(i) When (a/b) is large, the ellipse approaches a crack transverse to the load and Kt  

     becomes very large. 

(ii) When (a/b) is small, the ellipse approaches a longitudinal slit and the increase     

      in stress is small. 

(iii) When the hole is circular (i.e.) (a/b) = 1, the maximum stress is three times the  

      nominal stress. 

• The stress concentration in the notched tension member, which is influenced 

by the depth (a) of the notch and radius (r) at the bottom of the notch.  



 

• The maximum stress, which applies to members having notches that are 

small in comparison with the width of the plate, may be obtained by the 

following equation, 

 

Methods of Reducing Stress Concentration 

• Whenever there is a change in cross-section, such as shoulders, holes, 

notches (or) keyways and where there is an interference fit between a hub 

(or) bearing race and a shaft, then stress concentration will be occurred.  
 

• The presence of stress concentration cannot be totally eliminated but it may 

be reduced to some extent.  
 

• The concept is used in assisting the new design to visualize the presence of 

stress concentration and how it may be mitigated is that of stress flow lines. 
 

• The mitigation of stress concentration means that the stress flow lines shall 

maintain their spacing as far as possible.  
 



 
 

• In Figure (a), the stress lines tend to bunch up and cut very close to the sharp 

re-entrant corner.  
 

• For improvement of the situation, the fillets may be provided, in Figures (b) 

and (c) to give more equally spaced flow lines. 

 

Several ways of reducing the stress concentration in shafts and other cylindrical 

members with shoulders, holes and threads 

 

(i) Methods of reducing stress concentration in cylindrical members with 

shoulders  
 

• The large radius fillets cannot used in the machine members such as ball and 
roller bearing mountings.  
 

• In such cases, the notches may be cut on the machine members which are 
used to reduce the stress concentration as shown in Figure. 
 

 

 



(b)Methods of reducing stress concentration in cylindrical members with holes. 

• The stress concentration of the cylindrical machine members with hole are 
minimized by making the two adjacent side holes along the axis.  

 

(c) Methods of reducing stress concentration in threaded cylindrical machine  

     members.  

 

• The stress concentration of the threaded cylindrical machine members will 

be minimized by gradual reduction of the area of cross section where the 

stress is maximum.  

 

Fatigue Stress Concentration Factor, (Kf)   ******** 

• When a machine member is subjected to cyclic (or) fatigue loading, the value 

of fatigue stress concentration factor shall be applied instead of theoretical 

stress concentration factor.  
 

The fatigue stress concentration factor, (Kf) 

 

Notch Sensitivity 

• In cyclic loading, the effect of the notch (or) the fillet is usually less than 

predicted value.  
 



• The difference depends upon the stress gradient in the region of the stress 

concentration and on the hardness of the material.  
 

• Notch sensitivity (q) may be defined as the degree to which the theoretical 

effect of stress concentration is actually reached.  
 

• The stress gradient depends mainly on the radius of the notch, hole (or) fillet 

and on the grain size of the material.  
 

• The following curve may be used for determining the values of q for steels.  

 

PSG Design data book Page No: 7.8 
 

 

 

 

 

• When the notch sensitivity factor (q) for cyclic loading,  
 

 



 

Where, Kt = Theoretical stress concentration factor for axial (or) Bending loading,  

             Kts = Theoretical stress concentration factor for torsional (or) Shear loading 

 

Combined Steady and Variable Stress 

• The failure points from fatigue tests made with different steels and 

combinations of mean and variable stresses are plotted in the following 

Figure as the functions of variable stress (v) and mean stress (m).  
 

 

• The most significant observation is made on the failure point which is little 

related to the mean stress when it is compressive and more mean stress is 

considered when it is tensile.  
 

(i.e.) The fatigue failures are rare when the mean stress is compressive (or) 
negative. 
 

• Therefore, the fatigue failures are to be considered for the combination of a 
variable stress and a steady (or) mean tensile stress. 
 

• The following methods are used to solve the problems involving this 
combination of stresses: 
 

1. Gerber method,  

2. Goodman method, and  

3. Soderberg’s method 
 



Gerber Method for Combination of Stresses 

• The relationship between variable stress (v) and mean stress (m) for axial 

and bending loading for ductile materials.  
 

• The point e represents the fatigue strength corresponding to the complete 

reversal (m = 0) and the point u represents the static ultimate strength 

corresponding to v = 0. 
 

• A parabolic curve drawn between the endurance limit (e) and ultimate 

tensile strength (u) which was proposed by Gerber in 1874.  
 

• Generally, the test data for ductile material fall closer to Gerber parabola, 

but because of scatter in the test points, a straight line relationship (i.e.) 

Goodman line and Soderberg’s line are preferred in designing machine parts. 
 

• According to Gerber, variable stress, 
 

     

             Static load (or) Fatigue load 

       (Kf = 0) 

 Where,  F.S. = Factor of safety, 

  m = Mean stress (tensile (or) compressive) 

   u = Ultimate stress (tensile (or) compressive), and 

   e = Endurance limit for reversal loading. 
  

Considering the fatigue stress concentration factor (Kf), then the above equation 

may be written as, 

 



 
Goodman Method for Combination of Stresses 

• A straight line connecting the endurance limit (e) and the ultimate strength 

(u) as shown by line AB (Goodman line) in the following Figure. 
 

 

• A Goodman line is used when the design is based on ultimate strength and 
may be used for ductile (or) brittle materials. 
 

• From the above figure, the line AB connecting e and u is called Goodman's 
failure stress line.  
 

• If a suitable factor of safety (F.S) is applied to endurance limit and ultimate 
strength, a safe stress line CD may be drawn parallel to the line AB.  
 

• Consider the design point, (P) on the line CD and now from similar triangles 
COD and PQD, 



                         

(Without Kf) 

• When the machine and structural parts that are subjected to fatigue loads 
contain regions of high stress concentration, therefore the above equation 
should be altered to include the stress concentration effect.  
 

• Then the fatigue stress concentration factor (Kf) is written as, 
 

 

Considering the load factor, surface finish factor and size factor, the above 

equation may be written as 



 

Note: 

   

 

• (a) For reversed bending loads, the ductile materials are subjected to 
(tensile (or) compressive) nature.  
 

• For brittle materials, the theoretical stress concentration factor (Kt) should 
be applied to the mean stress and fatigue stress concentration factor (Kf) to 
the variable stress.  
 

• Thus for brittle materials, the above equation may be written as, 

 

        (1/F.S) = [(σm * Kt)/ σu] + [(σv * Kf)/ (σe * (Kb (or) Ka (or) Ks) * Ksur * Ksz)] 

(i)For reversed bending load with Kf 

(1/F.S) = [σm / σu] + [(σv * Kf)/ (σe * (Kb) * Ksur * Ksz)] 

(ii)For reversed axial load with Kf 



(1/F.S) = [σm / σu] + [(σv * Kf)/ (σe * (Ka) * Ksur * Ksz)] 

(iii)For reversed shear load with Kf 

(1/F.S) = [σm / σu] + [(σv * Kfs)/ (σe * (Ks) * Ksur * Ksz)] 

 
(a) For reversed axial loading (tensile (or) compressive) loads, the ductile 
materials are subjected to (tensile (or) compressive) nature.  

 

 

 

Soderberg’s Method for Combination of Stresses 

• The straight line connecting the endurance limit (σe) and the yield strength 
(σy), as shown by the line AB in the following figure.  
 

• This line is used when the design is based on yield strength. 
 



 
 

• If a suitable factor of safety (F.S) is applied to the endurance limit and yield 
strength, a safe stress line CD may be drawn parallel to the line AB.  
 

• Let us consider the design point P on the line CD and now from similar 
triangles COD and PQD, 

 

 

                                 

 

• For machine parts subjected to fatigue loading, the fatigue stress 

concentration factor (Kf) should be applied to only variable stress (v) and 
the equations are as follows: 

                        

                                                       



                      

 

             

                          

                               

                       
 

• For machine parts subjected to fatigue loading, the fatigue stress 
concentration factor (Kf) should be applied to only variable stress (σv) and 
written as 

                                             
 

• Considering the load factor, surface finish factor and size factor, then the 
equation may be written as 
 

                                             

• Since σeb = (σe * Kb) and Kb = 1 for reversed bending load, therefore σeb = σe 
may be substituted in the above equation. 
 

• When a machine component is subjected to reversed axial loading, then the 
equation may be written as 

                                  
• When a machine component is subjected to reversed shear loading, then the 

equation may be written as 



                                  
• Where, Kf s is the fatigue stress concentration factor for reversed shear 

loading.  
 

• The yield strength in shear (τy) may be taken as one-half the yield strength in 
reversed bending (σy). 

 

Problem 1 

A machine component is subjected to a flexural stress which fluctuates between       

+300 MN/m2 and –150 MN/m2. Determine the value of minimum ultimate 

strength according to 1. Gerber relation; 2. Modified Goodman relation; and 3. 

Soderberg’s relation. Take yield strength = (0.55 *Ultimate strength); Endurance 

strength = (0.5 *Ultimate strength); and factor of safety = 2. 
 
 

Given data: 
 

  Maximum flexural stress,        1 = + 300 MN/m2    = + 300 N/mm2 

 

Minimum flexural stress,        2 = - 150 MN/m2     = - 150 N/mm2 

 

            Yield strength            = (0.55 *Ultimate strength),       y = (0.55 * u) 
 

            Endurance strength = (0.5 *Ultimate strength), e = (0.55 * u) 
 

            Factor of safety, F.S = 2       
       
 

 To find: 
 

Determine the value of minimum ultimate strength, u =? according to:  

1. Gerber method  

2. Modified Goodman method and  

3. Soderberg’s method 
 

 
 
 
 



 
Solution: 
 

We know that the mean (or) average stress, 

  
         = [300 + (-150)]/2 

   m = 75 N/mm2  

and variable stress, 

              
        = [300 - (-150)]/2 

   v = 225 N/mm2 

 

According to Gerber method  

     
                                        (1/2) = [(75/u)2 * 2] +[(225/(0.5*u)] 

                                           0.5 = (11250/u
2) +(450/u 

       u
2 – (900 *u) – 22500 = 0 

                                             u = 924.35 N/mm2 

 

According to Goodman method  

         
                                        (1/2) = (75/u) + [(225/(0.5*u)] 

                                        (1/2) = (75/u) + (450/u) 

                                        (1/2) = (525/u) 

                                            u = 1050 N/mm2 
 

 

 



 

According to Soderberg’s method 

                                        
                                       (1/2) = [75/(0.55 *u)] + [(225/(0.5*u)] 

                                       (1/2) = (136.36/u) + (450/u) 

                                       (1/2) = (586.36/u) 

                                            u = 1172.72 N/mm2 

Results: 

The minimum value of ultimate strength, according to:  

1. Gerber method                         u = 924.35 N/mm2 

2. Modified Goodman method, u = 1050 N/mm2 

3. Soderberg’s method,               u = 1172.72 N/mm2 
 

Problem 2 

A bar of circular cross-section is subjected to alternating tensile forces varying 

from a minimum of 200 kN to a maximum of 500 kN. It is to be manufactured of a 

material with an ultimate tensile strength of 900 MPa and an endurance limit of   

700 MPa. Determine the diameter of the bar using safety factors of 3.5 related to 

ultimate tensile strength and 4 related to endurance limit and a stress 

concentration factor of 1.65 for fatigue load. Use Goodman straight line as basis 

for design. 

Given data: 
 

  Minimum tensile load,        Wmin = + 200 kN    = + 200 x 103 N 

 

Maximum tensile load,        Wmax = + 500 kN   = + 500 x 103 N 

 

            Ultimate tensile strength,       u = 900 MPa   = 900 N/mm2 
 

            Endurance strength,                e = 700 MPa   = 700 N/mm2 
 



            Factor of safety,                  (F.S)u = 3.5 
      
  Factor of safety,                  (F.S)e = 4 
 
For fatigue load, 
 

             Stress concentration factor, Kf =1.65  

       
 To find: 
 

Determine the diameter of the bar using Goodman method, d =? 

Solution: 
 

We know that the area of the bar, 

     A = (/4) * d2 

                                                A = 0.7854 * d2 mm2 

We know that the mean (or) average load, 

  
         = [(500 x 103) + (200 x 103)]/2 

             Wm = 350 x 103 N  

 

Also, the mean (or) average stress, 

    
         = (350 x 103) / (0.7854 * d2) 

    m = (445.633 x 103 / d2)    N/mm2  

We know that the variable load, 

    
         = [(500 x 103) - (200 x 103)]/2 
 

  Wm = 150 x 103 N  
 



 
Also, the variable stress, 

   
        = (150 x 103) / (0.7854 * d2) 

   v = (190.99 x 103/ d2)    N/mm2  
 

We know that according to Goodman's formula 

                                                

           
                                       (1800.762/ d2)  = 1 – (1733.02 / d2)    

                           (3533.779/ d2)  = 1     

      d = 59.45 mm  60 mm 

Result: 
 

The diameter of bar using Goodman method,  

d = 60 mm 

  

 Problem 3 

A steel rod is subjected to a reversed axial load of 180 kN. Find the diameter of 

the rod for a factor of safety of 2. Neglect column action. The material has an 

ultimate tensile strength of 1070 MPa and yield strength of 910 MPa. The 

endurance limit in reversed bending may be assumed to be one-half of the 

ultimate tensile strength. Other correction factors may be taken as follows: For 

axial loading = 0.7; For machined surface = 0.8; For size = 0.85; For stress 

concentration = 1.0. 

 
 
 



 
Given data: 
 

 For reversed axial load, 

Minimum axial load,           Wmin = - 180 kN     = - 180 x 103 N 

Maximum axial load,          Wmax = +180 kN     = +180 x 103 N 

            Factor of safety,                     F.S = 2 

           Ultimate tensile strength,      u = 1070 MPa  = 1070 N/mm2 

                 Yield strength,                          y = 910 MPa    = 910 N/mm2 

           Endurance strength,               e = (1/2) * u = 0.5 * 1070 

                                                               e = 535 N/mm2 

               
Correction factors  

For axial loading,              Ka = 0.7 

For machined surface,  Ksur = 0.8 

For size,                             Ksz = 0.85 

For stress concentration, Kf = 1.0 
 

 
 
To find: 
 

Find the diameter of the rod, d =? 

 

Solution: 
 

We know that the area of the bar, 

           A = (/4) * d2 

                                                      A = 0.7854 * d2 

We know that the mean (or) average load, 

             
         = [(180 x 103) + (-180 x 103)]/2 

  Wm = 0 N  
 



Also, the mean (or) average stress, 

    
         = (0) / (0.7854 * d2) 

   m = 0  N/mm2  
 

We know that the variable load, 

   
       = [(180 x 103) - (-180 x 103)]/2 

Wm = 180 x 103 N  
 

Also, the variable stress, 

 
       = (180 x 103) / (0.7854 * d2) 

                                                           v = (229.183 x 103 / d2)    N/mm2  
 

Endurance limit in reversed axial loading, 

            σea = σe * Ka  

       = (535 * 0.7)  

 σea = 374.5  N/mm2 

 

We know that according to Soderberg's formula for reversed axial loading, 

            (1/F.S) = [(m*Kt) / y] +[(v*Kf) / (e*Ka*Ksur * Ksz)] 

        Where, (e*Ka) = ea  and Assume Kt = 1 

                        

                                                                      
                                                         0.5 = (899.857 / d2) 

                        d = 42.43 mm  45 mm 



Result: 
 

The diameter of the rod,     d = 45 mm 

 
 

Problem 4 

A circular bar of 500 mm length is supported freely at its two ends. It is acted 

upon by a central concentrated cyclic load having a minimum value of 20 kN and a 

maximum value of 50 kN. Determine the diameter of bar by taking a factor of 

safety of 1.5, size effect of 0.85, surface finish factor of 0.9. The material 

properties of bar are given by: ultimate strength of 650 MPa, yield strength of    

500 MPa and endurance strength of 350 MPa. 
 

Given data:  

Length of the circular bar,                l = 500 mm  

Minimum concentrated cyclic load,            Wmin = 20 kN       = 20 x 103 N 

Maximum concentrated cyclic load,           Wmax = 50 kN       = 50 x 103 N  

           Factor of safety,                                   F.S = 1.5 

           Ultimate tensile strength,                                  u = 650 MPa  = 650 N/mm2 

           Yield strength,                                                      y = 500 MPa  = 500 N/mm2 

           Endurance strength,                                            e = 350 MPa  = 350 N/mm2 

Correction factors  

 For machined surface,  Ksur = 0.9 

For size,                             Ksz = 0.85 

Assume, Fatigue stress concentration factor,  Kf = 1 

To find: 
 

Find the diameter of the bar, d =? 

Solution: 
 

We know that the section modulus of the bar, 

      Z = (/32) * d3 



                                                           Z = 0.0981 * d3   mm4 

The bending moment of the bar with central cyclic load, 

      M = (W * l)/4 
 

The maximum bending moment of the bar 

         
             = (50 x 103 * 500) / 4 

                                                   Mmax = 6250 x 103 N-mm 

and the minimum bending moment of the bar 

  
             = (20 x 103 * 500) / 4 

                                                    Mmin = 2500 x 103 N-mm 

 The mean (or) average bending moment, 

      
              = [(6250 x 103) + (2500 x 103)]/2 

       Mm = 4375 x 103  N-mm  
 

Also, the variable bending moment, 

            
              = [(6250 x 103) - (2500 x 103)]/2 

        Mv = 1875 x 103   N-mm  

 

∴ Mean (or) average bending stress, 

                  [(σb)m = σm] 
 

             = (4375 x 103)  / (0.0981 * d3)    

                                                       m = (44.597 x 106)/d3   N/mm2 
 

 



 
∴ Variable bending stress, 

                    [(σb)v = σv] 
 

             = (1875 x 103)  / (0.0981 * d3)    

                                                        v = (19.113 x 106) / d3  N/mm2 
 

According to Goodman formula 

                                               (1/F.S) = [(m*Kt)/u] + [(v*Kf) /(e *Kb *Ksur *Ksz) 

                                                   

                            
                                                          0.667 = (68.61 x 103 / d3) + (71.38 x 103/ d3) 

                                                          0.667 = (139.99 x 103/ d3) 

                                                                  d = 59.43 mm  60 mm 

 

According to Soderberg’s formula 

        (1/F.S) = [(m*Kt)/y] + [(v*Kf) /(e *Kb *Ksur *Ksz) 

                             

                           
                                                            0.667 = (89.194 x 103 / d3) + (71.38 x 103/ d3) 

                            0.667 = (160.574 x 103/ d3) 

                                                                   d = 62.21 mm  63 mm 
Result: 
 

The diameter of the bar, according to:  
 

1. Goodman method,                 d = 60 mm 

            2. Soderberg’s method,             d = 63 mm 



 

Problem 5 

A 50 mm diameter shaft is made from carbon steel having ultimate tensile 

strength of 630 MPa. It is subjected to a torque which fluctuates between      

+2000 N-m to –800 N-m. Using Soderberg’s method, calculate the factor of safety. 

Assume suitable values for any other data needed. 

Given data:  
 

Diameter of the shaft,           d = 50 mm  

Minimum torque,               Tmin = - 800 N-m          = - 800 x 103 N-mm 

Maximum torque,              Tmax = + 2000 N-m       = + 2000 x 103 N-mm   

            Ultimate tensile strength,   u = 630 MPa            = 630 N/mm2                          

 

To find: 

            Find the Factor of safety,   F.S = ? 

 

Solution: 
 

The mean (or) average twisting moment (or) torque, 

            
                                = [(2000 x 103) + (- 800 x 103)]/2 

    Tm = 600 x 103  N-mm  
 

Also, the variable twisting moment (or) torque, 

          
        = [(2000 x 103) - (-800 x 103)]/2 

    Tv = 1400 x 103   N-mm  

           

We know that,    (T/J) = (/r)         J = Izz = Ixx + Iyy         [Ixx = Iyy  = (*d4/64)]     

                T/(*d4/32)]  =  /(d/2) 

                                               T = (/16)* *d3 



                                                = (16*T) /(*d3) 

∴ Mean (or) average shear stress, 

          
         = (16 * 600 x 103)  / ( * 503)    

                                                    m = 24.459 N/mm2 
 

∴ Variable bending stress, 

      
         = (16 * 1400 x 103)  / ( * 503)    

                                                     v = 57.07 N/mm2 
 

 

Since the endurance limit in reversed bending (σe) is taken as one-half the 

ultimate tensile strength  
 

(i.e.)  σe = (0.5 * σu)  

 

and the endurance limit in shear,  

                     τe = (0.55 *σe)  

                 τe = (0.55 * 0.5 *σu)  

                     τe = 0.275 σu 

                         = 0.275 × 630  

                     τe = 173.25 N/mm2 

 

The yield stress for carbon steel in reversed bending,  
 

        σy = 510 N/mm2    (Assume) 

  

Assume Correction factors  
 

               For machined surface,         Ksur = 0.87 

               For size,                                    Ksz = 0.85 

    Stress concentration factor, Kfs = 1 



 

Since the yield stress in shear (τy) for shear loading is taken as one-half the yield 

stress in reversed bending (σy) 

             τy = (0.5 * σy)  

                     = (0.5 × 510)  

                                                              τy = 255 N/mm2 
 

Note: 
 

    σe = (0.5 * σu)  
     τe = (0.55 *σe)  
     τy = (0.5 * σy)  

 

According to Soderberg's formula 

                     

                             
          (1/F.S) = 0.0959 + 0.4454 

                           F.S = 1.847 
 

Result: 
 

Find the Factor of safety,              F.S = 1.847 
 

1. Direct stress, σd = (P/A) 

 

2. Bending Stress, σb = (M/Z)    

 

 

 



  

σb = (M/Z)     

 

M/I = σb/yc 

(M/I )* yc = (σb)c     (Compression) 

(M/I )* yt = (σb)t     (Tension)  

σ1 = Combined bending stress and direct stress 

(σT)max = σ1 = (σb)t + σd              [σb = Maximum of σb which may be tensile] 

σ1 = σb + σd                    [σb = Maximum of σb which may be either tensile (or)         

                                              compressive)] 

σ2 = (σb)c + σd              [σb = Maximum of σb which may be compressive] 

σ2 = σb + σd                    [σb = Minimum of σb which may be either tensile (or)         

                                               compressive)] 

Maximum Principal Stress, σmax = [(σ1 + σ2)/2] + (1/2) *  (σ1 - σ2)2 + 42 

Maximum Principal Stress, σmax = [(σT)max)/2] + (1/2) *  (σT)max
2 + 42 

Minimum Principal Stress, σmin = [(σ1 + σ2)/2] - (1/2) *  (σ1 - σ2)2 + 42 

Minimum Principal Stress, σmin = [(σT)max)/2] - (1/2) *  (σT)max
2 + 42 

Maximum Shear Stress,      max = (σmax – σmin)/2 

                                                          = (1/2) *  (σT)max
2 + 42 

 

3. Shear Stress,  = (16*T)/ (π *d3)   

Torsion equation 

T/J = /r         T = (π/16)**d3             = (16*T)/ (π *d3)     

 



Problem 6 

A cantilever beam made of cold drawn carbon steel of circular cross-section as 

shown in Figure which is subjected to a load which varies from – F to +3F. 

Determine the maximum load that this member can withstand for an indefinite 

life using a factor of safety as 2. The theoretical stress concentration factor is 1.42 

and the notch sensitivity is 0.9. Assume the following values: Ultimate stress = 

550 MPa; Yield stress = 470 MPa; Endurance limit = 275 MPa; Size factor = 0.85; 

and Surface finish factor= 0.89. 

 

Given data:  

 

           Diameter of the shaft,           d = 13 mm (From the figure) 

Minimum load,                 Wmin = - F  N  

Maximum load,                Wmax = +3F  N  

           Factor of safety,                   F.S = 2  

           Ultimate stress,                     u = 550 MPa     = 550 N/mm2  

           Yield stress,                            σy = 470 MPa     = 470 N/mm2    

            Endurance limit,                   e = 275 MPa     = 275 N/mm2 
                          
Correction factors  

            For machined surface,      Ksur = 0.89 

            For size,                                Ksz = 0.85 

            

 



 

 Theoretical stress concentration factor,  

                                                            Kt = 1.42 

            Notch sensitivity,                  q = 0.9                  

      

To find: 
 

            Find the load applied in the circular section, F =? 

 
Solution: 

   We know that the section modulus of the bar, 

           Z = (/32) * d3 

         = (/32) * 133 

                                                      Z = 215.53 mm3 
 

The cantilever beam is subjected to a reversed bending load only.  

Since, the point A at the change of cross section is critical. 

 

 The bending moment at point A. 

      Mmax = Wmax * 125  

                                                  = 3F * 125  

                                        Mmax = 375 F    N-mm 
 

 

and the minimum bending moment at point A, 

      Mmin = Wmin * 125  

                                                 = – F × 125  

                                        Mmin = – 125 F    N-mm 
 

∴ Mean (or) average bending moment, 

                                                    
                                         = [(375*F) + (-125*F)]/2 

                                                   Mm = (125 * F)    N-mm 



∴ Mean (or) average bending stress, 

                 
                                                         = ((125 * F)  / 215.53    

                                          m = (0.58 * F)   N/mm2 
 

and variable bending moment, 

                    
                                        = [(375*F) - (-125*F)]/2 

                       Mv = (250 * F)    N-mm 
 

∴ Variable bending stress, 

                                                      
                                                         = (250 * F)  / 215.53    

                                           v = (1.16 * F)  N/mm2 
 

Fatigue stress concentration factor, 

                                                    Kf = 1 + q (Kt – 1)  

                                                        = 1 + 0.9 (1.42 – 1)  

                                                    Kf = 1.378 
 

 

According to Goodman formula 

                                               
 

                             
                                                  0.5 = (1.055 x 10-3 * F) + (7.684 x 10-3 * F) 

                                                  0.5 = (8.739 x 10-3 * F) 

                                                     F = 57.217 N 
 

 

 



 

According to Soderberg’s formula 

                                                       

                                             
                                                 0.5 = (1.234 x 10-3 * F) + (7.684 x 10-3 * F) 

                                                 0.5 = (8.914 x 10-3 * F) 

                                                    F = 56.09 N 
 

Result: 
 

The load applied in the circular section, according to:  
 

1. Goodman method,               F = 57.217 N 
 

           2. Soderberg’s method,            F = 56.09 N 
 

We know that, 

 n = r = d  + b        →T 

The maximum principal (or ) normal stress 
 

                         t1 = max =   

and minimum principal (or) normal stress 
 

                            min =  
 

The maximum shear stress  
 

  max = (max -min)/2 =  

 



 
Combined Variable Normal Stress and Variable Shear Stress 

• When a machine part is subjected to both variable normal stress and a 

variable shear stress, then it is designed by using the following two theories 

of combined stresses: 
 

o Maximum shear stress theory and  
 

o Maximum principal (or) normal stress theory 

 
Maximum Principal (or) Normal Stress Theory (Rankine’s Theory) 

 

• According to this theory, the failure (or) yielding occurs at a point in a 

member when the maximum principal (or) normal stress in a bi-axial stress 

system reaches the limiting strength of the material in a simple tension test. 

 

• Since the limiting strength for ductile materials is yield point stress and the 

limiting strength for brittle materials is ultimate stress. 
 

• Therefore according to the above theory, taking factor of safety (F.S.) into 

consideration, the maximum principal (or) normal stress (t1) in a bi-axial 

stress system is given by 
 

                           

     Where,  yt = Yield point stress, and 

                    u = Ultimate stress 

 
 

 

 

 



 

Maximum Shear Stress Theory (Guest’s (or) Tresca’s Theory) 
 

• According to this theory, the failure (or) yielding occurs at a point in a 

member when the maximum shear stress in a bi-axial stress system reaches 

a value equal to the shear stress at yield point in a simple tension test.  
 

Mathematically, 
 

                  y = 0.5 * y 

         Where,      max = Maximum shear stress in a bi-axial stress system, 

                               yt = Shear stress at yield point, and 

                             F.S. = Factor of safety 

• Since the shear stress at yield point in a simple tension test is equal to one-
half the yield stress in tension, therefore the above equation may be written 
as, 

                            
 

•  This theory is mostly used for designing members of ductile materials. 
 

According to Soderberg's formula, for reversed bending load 

                          ------(1) 
     

Multiplying throughout by σy in eqn. (1)/., we get 
 

                         ------(2) 

The term on the right-hand side of the eqn. (2)/., is known as equivalent normal 

stress (σneb) due to reversed bending. 

 

 



∴ Equivalent normal stress due to reversed bending, 

                         ------(3) 

Similarly, equivalent normal stress due to reversed axial loading, 

                        ------(4) 

 The total equivalent normal stress, 

                               ------(5) 
 

For reversed torsional (or) shear loading,      (σ -- > ) 

Endurance limit for reversed torsional (or) shear load 

         σes =  τe = (σe * Ks) = (σe * 0.55)  = (0.55 * σe) (Ks = 0.55 for ductile mtls) 

        σes =  τe = (σe * Ks) = (σe * 0.8)  = (0.8 * σe) (Ks = 0.8 for brittle mtls) 

             σes = e = σe * Ks   

 

                                 ------(6)      
 

Multiplying throughout by τy, we get 

                                ------(7) 

The term on the right-hand side of the eqn. (7)/., is known as equivalent shear 

stress (es) . 

∴ Equivalent shear stress due to reversed torsional (or) shear loading, 

                                  -----(8) 



The maximum shear stress theory is used in designing machine parts of ductile 

materials. 

1 = ne         (2 = 0)     ne = nea + neb     

          t1 = max =       
 

According to the maximum shear stress theory, the maximum equivalent shear 

stress, 

                       -----(9) 

ne = 1 ± 2  

The maximum normal stress theory is used in designing machine parts of brittle 

materials. 

 

According to the maximum principal (or) normal stress theory, the maximum 

equivalent normal stress, 

            -----(10) 

ne = 1 ± 2            ne = neb + nea                es =    

Where,                          

                                       

                                                

 

 



 

Problem 7    ******* 

A steel cantilever is 200 mm long. It is subjected to an axial load which varies 

from 150 N (compression) to 450 N (tension) and also a transverse load at its free 

end which varies from 80 N up to 120 N down. The cantilever is of circular cross-

section. It is of diameter 2d for the first 50 mm and of diameter d for the 

remaining length. Determine its diameter taking a factor of safety of 2. Assume 

the following values: Ultimate stress = 550 MPa; Yield stress = 330 MPa; 

Endurance limit in reversed loading = 300 MPa; Correction factors = 0.7 in 

reversed axial loading and = 1.0 in reversed bending; Stress concentration factor = 

1.44 for bending (Ktb) and = 1.64 for axial loading (Kta); Size effect factor = 0.85; 

Surface effect factor = 0.90; and Notch sensitivity index = 0.90  

 

Given data:  
 

Length of the bar,                            l = 200 mm 

Minimum axial load,            (Wa)min = -150  N  

Maximum axial load,           (Wa)max = +450  N 

Minimum transverse load,  (Wb)min = -80  N  

Maximum transverse load, (Wb)max = +150   

Factor of safety,                           F.S = 2  

           Ultimate stress,                             u = 550 MPa    = 550 N/mm2  
           Yield stress,                                    σy = 330 MPa    = 330 N/mm2   

           Endurance limit,                           e = 300 MPa    = 300 N/mm2 
                
 



 

Correction factors  

           Load factor for reversed axial load, 

                                          Ka = 0.7 
 

           Load factor for reversed bending load, 

                                          Kb = 1.0 
 

           For machined surface,            Ksur = 0.9 
 

           For size,                                      Ksz = 0.85 

           Theoretical stress concentration factor,  

               For axial loading,                  Kta = 1.64 

      For axial loading,                  Ktb = 1.44 

               Notch sensitivity,                    q = 0.9                       

 

To find: 

          Find the diameter of the shaft, d =?  

 
Solution: 
 

Consider the reversed axial loading  

We know that the cross-sectional area of the bar, 

         A = (/4) * d2 

                               A = 0.7854 * d2  mm2 

         We know that the mean (or) average axial load, 

            
                   =  [450 + (-150)]/2 

                       Wm = 150 N 

           

 



 

∴ Mean (or) average axial stress, 

           
                  = 150 /(0.7854 * d2) 
 

             σm = 191 / d2  N/mm2 

 

and variable axial load, 

            
                  =  [450 - (-150)]/2 

                       Wv = 300 N 

 

and variable axial stress, 

            
                 = 300 /(π * d2) 
 

             σm = 382 / d2  N/mm2 

 

    We know that the fatigue stress concentration factor for reversed axial loading, 

            
                  = 1 + 0.9*(1.64 – 1)  

                       Kfa = 1.576 

 

     And endurance limit stress for reversed axial loading, 

                       σea = σe * Ka  

                             = 300 * 0.7  

                       σea = 210 N/mm2  

 

 

 



 

We know that the equivalent normal stress at point A, due to axial loading, 

                                 

                                                   

                                       = (191 / d2) + (1237 / d2) 

                                σnea = (1428 / d2)   N/mm2 

 
Consider the reversed bending due to transverse load 
 

We know that the section modulus of the bar, 

             Z = (/32) * d3 
 

                         Z = 0.0982 mm3 
 
 

We know that the mean (or) average bending load 
 

                                
               =  [120 + (-80)]/2 
 

                   Wm = 20 N 

∴ Mean bending moment at point A, 

          Mm = Wm * (l – 50) 

                                 = 20 * (200 – 50) 
                          Mm = 3000 N-mm 

 

∴ Mean (or) average bending stress, 

        
              = 3000 /(0.0982 * d3) 
 

         σm = (30550 / d3) N/mm2 

 

 

          



 and variable bending load, 

           
                =  [120 - (-80)]/2 
 

                     Wv = 100 N 

 

∴ Variable bending moment at point A, 

          Mv = Wv * (l – 50) 

                                = 100 * (200 – 50) 
                          Mv = 15000 N-mm 
 

 

   and variable bending stress, 

       
              = 15000 /(0.0982 * d3) 
 

         σv = 152750 / d3  N/mm2  

 

We know that the fatigue stress concentration factor for reversed bending load, 

         
              = 1 + 0.9*(1.44 – 1)  

                       Kfb = 1.396 

Since the correction factor for reversed bending load is 1. 

    (i.e.) Kb = 1 
 

Therefore, the endurance limit for reversed bending load, 

                                σeb = (σe * Kb)  

                                      = (300 * 1)  

                                σeb = 300 N/mm2 
  

We know that the equivalent normal stress at point A, for reversed bending load, 

           

      

                                      = (30550 / d3) + (306618 / d3) 



                               σneb = (337168 / d3)   N/mm2 

 
 

∴ Total equivalent normal stress at point A, 

                       σne = σnea + σneb 

                             = (1428 / d2) + (337168 / d3)    N/mm2    ----(a) 

We know that the equivalent normal stress at point A, 

         σne = (σy /F.S) 

               = (330/2) 

         σne = 165 N/mm2                                              ----(b) 
 

Equating the above equations (a) and (b), then we get, 

                               165 = (1428 / d2) + (337168 / d3)  

                    (165 * d3) = 337168 + (1428 * d) 

                 (0.116 * d3) = 236.1 + d 

                                   d = 12.9 mm   13 mm           ----- (By hit and trail method) 
 

Result: 
 

The diameter of the steel cantilever  
 

                       d = 13 mm 
 

 

DESIGN OF SPRINGS 
 

Introduction 

Spring is an elastic body whose function is to distort when loaded and to recover 

its original shape when the load is removed.  

Applications of springs  

1. To cushion, absorb (or) control energy due to either shock (or) vibration as in           

    car springs, railway buffers, air-craft landing gears, shock absorbers and      

    vibration dampers. 
 

2. To apply forces as in brakes, clutches and spring loaded valves. 

3. To control motion by maintaining contact between two elements as in cams  

    and followers. 



4. To measure forces, as in spring balances and engine indicators. 

5. To store energy, as in watches, toys, etc. 

Types of Springs 
 

The following types of the springs are considered, according to their shape 
 

(a) Helical springs 
 

• The helical springs are made up of a wire coiled in the form of a helix and is 
primarily proposed for compressive (or) tensile loads.  
 

• The cross-section of the wire from which the spring is made may be circular, 
square (or) rectangular.  

 

• The two forms of helical springs are considered for the design, such as (i) 
compression helical spring and (ii) tension helical spring  

              

 

Sl. No. Closed coiled helical springs Open coiled helical springs 

1 

When the spring wire is coiled so 

close that the plane containing 

each turn is nearly at right angles 

to the axis of the helix and the 

wire is subjected to torsion. 

When the spring wire is coiled in 

such a way that there is a gap 

between the two consecutive 

turns. 

2 The helix angle is very small 

(Usually less than 10°). 
The helix angle is large. 

3 The application of closed coiled 

helical springs is not limited. 

The application of open coiled 

helical springs is limited. 



4 
The major stresses produced in 

helical springs are shear stresses 

due to twisting. 

The major stresses produced in 

helical springs are shear stresses 

due to twisting. 

 

Advantages of the helical springs  

(i) These are easy to manufacture. 

(ii) These are available in wide range. 

(iii) These are reliable. 

(iv)These have constant spring rate. 

(v)  Their performance can be predicted more accurately. 

(vi) Their characteristics can be varied by changing dimensions. 

 

(b) Conical and Volute springs  
 

• The conical and volute springs are used in special applications where a 

telescoping spring (or) a spring with a spring rate that increases with the load 

is desired.  
 

• The conical spring is wound with a uniform pitch whereas the Volute springs 

are wound in the form of paraboloid with constant pitch and lead angles. 

                      
 

• The springs may be made either partially (or) completely telescoping. In 
either case, 



 

• The major stresses produced in conical and volute springs are also shear 
stresses due to twisting. 
 

 

(c) Torsion springs  
 

These springs may be of helical (or) spiral type  
 

• The helical type may be used only in applications where the load tends to 

wind up the spring and are used in various electrical mechanisms.  
 

• The spiral type is also used where the load tends to increase the number of 

coils and when made of flat strip are used in watches and clocks. 
 

• The major stresses produced in torsion springs are tensile and compressive 

due to bending. 

                          
 

(d) Laminated (or) leaf springs  
 

• The laminated (or) leaf spring (or) flat spring (or) carriage spring consists of a 
number of flat plates (known as leaves) of varying lengths held together by 
means of clamps and bolts. 
 

• These are mostly used in automobiles. 
 



• The major stresses produced in leaf springs are tensile and compressive 
stresses. 

 

 
 

(e) Disc (or) Belleville springs 
 

• These springs consist of a number of conical discs held together against 
slipping by a central bolt (or) tube.  
 

• These springs are used in applications where high spring rates and compact 
spring units are required. 
 

• The major stresses produced in disc (or) Belleville springs are tensile and 
compressive stresses. 

 
 

 

 
 



Material for Helical Springs 
 

(i) Oil tempered carbon steel wire – Music wire  
 

(ii) Non-ferrous materials, viz., Phosphor bronze, Beryllium copper,     
  Monel metal, Brass etc.,  

 

Terms used in Compression Helical Springs 
 

The following terms are used for compression springs: 

1. Solid length  

• When the compression spring is compressed until the coils come in contact 
with each other, then the spring is said to be solid.  
 

• The solid length of a spring is the product of total number of coils and the 
diameter of the wire.  

 

Mathematically, Solid length of the spring 

 

LS = (n’ * d) 

     Where, n’ = Total number of coils and 

                    d = Diameter of the wire, mm  

 

 

15% of  



 

 D  

 

 d  Do = D + d  

 Di = D - d 

 Di  

 

 Do 

2. Free length   

 

• The free length of a compression spring is the length of the spring in the free 
(or) unloaded condition.  
 

• It is equal to the solid length plus the maximum deflection (or) compression of 
the spring and the clearance between the adjacent coils (when fully 
compressed). 

 

Mathematically, Free length of the spring 
 

LF = Solid length + Maximum compression + *Clearance Between adjacent  

                                                                                 coils (or) clash allowance 

         LF = (n’ * d) + δmax + (0.15 * δmax) 

 

3. Spring index, (C) ***** 

• The spring index is defined as the ratio of the mean diameter of the coil to the 
diameter of the wire.  
 

Mathematically, Spring index 

                        C = (D / d) 

         Where,     D = Mean diameter of the coil and 

                            d = Diameter of the wire 



4. Spring rate, (k) ***** 

• The spring rate (or) stiffness (or) spring constant is defined as the load required 
per unit deflection of the spring.  

 

Mathematically, Spring rate 

                          k = (W / δ) 

    Where,      W = Load applied and 

                δ = Deflection of the spring 

 

5. Pitch, (p) **** 

• The pitch of the coil is defined as the axial distance between adjacent coils in 
uncompressed state.  

 

Mathematically, Pitch of the coil 

         

End Connections for Compression Helical Springs 
 

• The end connections for compression helical springs are suitably formed in 
order to apply the load.  
 

 



 

 

Stresses in Helical Springs of Circular Wire 

 

Consider a helical compression spring made of circular wire and subjected to an 

axial load W. 
 

Let  

D = Mean diameter of the spring coil 

d = Diameter of the spring wire 

n = Number of active coils 

n’ = Total number of coils 

           G = Modulus of rigidity for the spring material 

          W = Axial load on the spring 

τ = Maximum shear stress induced in the wire 

          C = Spring index = (D/d) 

          p = Pitch of the coils and 

         δ = Deflection of the spring 

 



   
 

The load (W) tends to rotate the wire due to the twisting moment (T) set up in the 

wire. Thus, torsional shear stress is induced in the wire. 
 

The twisting moment of the spring, 
 

      
 

            
 

                  
 

From the torsional shear stress diagram, in addition to the torsional shear stress 

(τ1) induced in the wire, the following stresses also act on the wire: 
 

1. Direct shear stress due to the load (W) and 
 

2. Stress due to curvature of wire 
 

Maximum shear stress induced in the wire, 
     

                          = Torsional shear stress + Direct shear stress 
 

                         
 



                         
 

                      max   
 

(Without considering the curvature of the wire) 
 

 
 

      
 

 K  

Where, K = Shear stress factor    

 

 
 



Considering curvature of the wire [Wahl’s shear stress factor (Ks)]  
 

Maximum shear stress induced in the wire, 
 

  
 

                   
 

 
 

Deflection of Helical Springs of Circular Wire 
 

We know that, total active length of the wire 
 

          l = Length of one coil * No. of active coils  
           

          l = ( D * n) 
 

Let, θ = Angular deflection of the wire when acted upon by the torque T 
 

Axial deflection of the spring 
 

        δ = (θ * D/2)  
 

We also know that 
 

         (From the torsion equation) 
 



Where, J = Polar moment of inertia of the spring wire 
 

               
 

            d = Diameter of spring wire 
  
G = Modulus of rigidity for the material of the spring wire 

 

 
 

     
 

         
 

 Deflection of the spring,  (or) y 
 

       
 

             
 

            
 

Stiffness of the spring (or) spring rate, k (or) q 
 

    
 



           
 

Eccentric Loading of springs 
 

• When the load on the springs does not coincide with the axis of the spring (i.e.) 
the spring is subjected to an eccentric load.  
 

• In such cases, the safe load for the spring is reduced and the stiffness of the 
spring is also affected.  
 

• The eccentric load on the spring increases the stress on one side of the spring 
and decreases on the other side.  
 

• When the load is offset by a distance (e) from the spring axis, then the safe load 
on the spring may be obtained by multiplying the axial load by the factor,  

            W’ = (W * ) 
 

   Where, D is the mean diameter of the spring 
  
Surge in springs 
 

• When one end of a helical spring is resting on a rigid support and the other end 
is loaded suddenly, then all the coils of the spring will not suddenly deflect 
equally due to the requirement for the propagation of stress along the spring 
wire. 
 

• In the beginning, the end coils of the spring in contact with the applied load 
take up whole of the deflection and then it transmits a large part of its 
deflection to the adjacent coils.  
 

• In this way, a wave of compression propagates through the coils to the 
supported end from where it is reflected back to the deflected end and this 
wave of compression travels along the spring indefinitely.  
 



• The time interval between the load applications is equal to the time required 
for the wave to travel from one end to the other end, then resonance will 
occur.  
 

 

• This results in very large deflections of the coils and correspondingly very high 
stresses. Under these conditions, the spring may fail and this phenomenon is 
called surge. 

 
 

     Where, d = Diameter of the wire 

                  D = Mean diameter of the spring 

                   n = Number of active turns 

                  G = Modulus of rigidity 

                   g = Acceleration due to gravity and 

                   ρ = Density of the material of the spring 

 

Elimination methods for Surging in springs 
 

1. By using friction dampers on the centre coils so that the wave propagation dies  

     out. 
 

2. By using springs of high natural frequency. 
 

3. By using springs having pitch 
 

Terms used in Compression Helical Springs 

 

The following terms are used for compression springs: 
 

1. Solid length  
 

 Solid length of the spring 
 

 LS = (n’ * d) 
 



      Where, n’ = Total number of active of coils and 
 

                        d = Diameter of the wire, mm 

 

2. Free length  
 

 Free length of the spring 
         

           LF = LS + δmax + (0.15 * δmax) 
 

                      LF = (n’ * d) + δmax + (0.15 * δmax) 
 

3. Spring index, (C) ***** 
 

 Spring index 

                        C = (D / d) 
 

          Where,    D = Mean diameter of the coil and 

                            d = Diameter of the wire 
 

4. Spring rate, (k) ***** 
 

 Spring rate 

                          k = (W / δ) 
 

 Where, W = Load applied and 
 

                 δ = Deflection of the spring 
 

5. Pitch, (p) **** 
 

 Pitch of the coil 
 

             
 

The twisting moment of the spring, 
 

                 
 



                          
 

(Without considering the curvature of the wire) 
 

    
 

    
 

 Where, K = Shear stress factor 
 

                           
 

Considering curvature of the wire [Wahl’s shear stress factor (Ks)]  
 

Maximum shear stress induced in the wire, 
 

  
 

                     
 

 
 

Total active length of the wire 
            

                       l = ( D * n) 



 

Axial deflection of the spring 
 

                      δ = (θ * D/2)  
 

                    
 

 Deflection of the spring,  (or) y 
 

                    
 

Stiffness of the spring (or) spring rate, k (or) q 
 

                   
 

Problem 1 
 

 

A compression coil spring made of an alloy steel is having the following 

specifications: Mean diameter of coil = 50 mm; Wire diameter = 5 mm; Number of 

active coils = 20. If this spring is subjected to an axial load of 500 N; calculate the 

maximum shear stress (neglect the curvature effect) to which the spring material 

is subjected.  

Given data: 
 

  Mean diameter of the Coil,        D = 50 mm     
 

Wire diameter,                             d = 5 mm 

 

            Number of active coils,              n = 20 
 

            Axial load,                                  W = 500 N 

      
 To find: 
 

Determine the maximum shear stress (neglect the curvature effect) of the spring,                              

                                                                 =? 



 
Solution: 
 

We know that the spring index, 

  C = (D / d) = (50/5) 

  C = 10  

 Shear stress factor, 

                               

                                  
 

            Ks = 1.05 
 

and maximum shear stress (neglecting the effect of wire curvature) 
 

            
 

                             
 

                           = 534.7 N/mm2 

Answer: 
 

Determine the maximum shear stress (neglect the curvature effect) of the spring,                           

                    = 534.7 N/mm2
 

 

Problem 2 

A helical spring is made from a wire of 6 mm diameter and has outside diameter 

of 75 mm. If the permissible shear stress is 350 MPa and modulus of rigidity         

84 kN/mm2, find the axial load which the spring can carry and the deflection per 

active turn. 

 



 

Given data:  
 

Wire diameter,                              d = 6 mm 

Outside diameter of the Coil,   Do = 75 mm 

 

            Permissible shear stress,            =350 MPa        = 350 N/mm2 
 

Modulus of rigidity,                    G = 84 kN/mm2  = 84 x 103 N/mm2 

   

 To find: 
 

(a) Neglecting the effect of curvature 

Determine the (i) Axial load on the spring,          W = ? 

                                (ii) Deflection per active turn, (/n) = ? 

(b) Neglecting the effect of curvature 

Determine the (i) Axial load on the spring,          W = ? 

                                (ii) Deflection per active turn, (/n) = ? 

 

Solution: 
 

We know that the mean diameter of the spring, 

  D = Do – d  

                          = 75 – 6 

  D = 69 mm 

 

 Spring index, C = (D/d) 

                                = (69/6) 

        C = 11.5 

 
 
 
 
 
 
 
 



 

(a) Neglecting the effect of curvature 

 Shear stress factor, 

              

                     
 

  Ks = 1.043 

And maximum shear stress induced in the wire (), 

                  

                   350  

  W = (350 / 0.848) 

  W = 412.7 N 

Deflection per active turn, 

          

    

  = 9.96 mm 

(b) Considering the effect of curvature 

 We know the Wahl’s stress factor, 

              

                  
 

              K = 1.123 

 



 

And maximum shear stress induced in the wire (), 

                  

                350  

  W = (350 / 0.913) 

  W = 383.4 N 

 

Deflection per active turn, 

          

    

  = 9.26 mm 

Results: 
 

(a) Neglecting the effect of curvature 

Determine the (i) Axial load on the spring,          W = 412.7 N 

                                (ii) Deflection per active turn, (/n) = 9.96 mm 

(b) Neglecting the effect of curvature 

Determine the (i) Axial load on the spring,          W = 383.4 N 

                                (ii) Deflection per active turn, (/n) = 9.26 

 

 

 

 



Problem 3 

Design a spring for a balance to measure 0 to 1000 N over a scale of length           

80 mm. The spring is to be enclosed in a casing of 25 mm diameter. The 

approximate number of turns is 30. The modulus of rigidity is 85 kN/mm2. Also 

calculate the maximum shear stress induced. 

Given data:  
 

Axial load on the spring            W = 1000 N 

Deflection of the spring,             = 75 mm 

Casing diameter of the spring, Dc = 25 mm. 

(i.e)    Dc = Do + d 
 

            Active number of turns,           n =30  
 

Modulus of rigidity,                    G = 85 kN/mm2  = 85 x 103 N/mm2 

   

 To find: 
 

(a) Design the spring dimensions,                        = ? 
 

(b) Determine the maximum shear stress, max = ?  

Solution: 
 

Since the spring is to be enclosed in a casing of 25 mm diameter, therefore the 

outer diameter of the spring coil (Do = D + d ) should be less than 25 mm.  

We know that deflection of the spring (δ), 

 

       

       

             

 Using hit and trail method,  

 d = 4 mm (Assume) 



Spring index, C = 4.84 
 

 Mean coil diameter of the spring,  

                       D = (C * d) 

      = (4.84 * 4) 

                       D = 19.36 mm 
 

Outer diameter of the spring coil, 

                    Do = D + d  

                          = 19.36 + 4  

          Do = 23.36 mm < 25 mm (Satisfied) 
 

 We know the Wahl’s stress factor, 

              

                  
 

              K = 1.123 
 

Maximum shear stress induced, max = ? 

             

                                  

       max = 1018.2 N/mm2 = 1018.2 MPa 

Results: 
 

(a) Design the spring dimensions,     

D = 19.36 mm, Do = 23.36 mm and d = 4 mm 
 
 

(b) Determine the maximum shear stress,  

       max = 1018.2 MPa 

Determine 

 



 

Problem 4 

Design a helical compression spring for a maximum load of 1000 N for a deflection 

of 25 mm using the value of spring index as 5. The maximum permissible shear 

stress for spring wire is 420 MPa and modulus of rigidity is 84 kN/mm2. Take 

Wahl’s factor, K = [(4C - 1) / (4C- 4)] + (0.615/C). Where, C = Spring index 

Given data:  
 

Axial load on the spring,                 W = 1000 N 

Deflection of the spring,                     = 25 mm 

Spring Index,                     C = 5  
 

            Max. permissible shear stress,   max =420 N/mm2 
 

Modulus of rigidity,                           G = 84 kN/mm2  = 84 x 103 N/mm2 
 

 To find: 
 

Design the compression helical spring  = ? 
 

 

  Solution: 
 

(i) Dimensions of the compression helical spring  

We know that the Wahl’s shear stress factor, 

K = [(4C - 1) / (4C- 4)] + (0.615/C) 

   = [(4*5 - 1) / (4*5- 4)] + (0.615/5) 

    K = 1.31  

        and the maximum shear stress, (max) 

          

                    
 d = 6.3 mm 
 

    From Page No. 13.1 in PSG design data book, the standard wire size SWG 3  

    having diameter (d) = 6.401 mm. 

 



Mean diameter of the spring coil, 

 D = C * d 

                                      = 5 * 6.401 

                                   D = 32.005 mm 

    and outer diameter of the spring coil, 

             Do = D + d 

                                       = 32.005 + 6.401 

                                  Do = 38.406 mm 

(ii) Number of turns of the coils 

We know that the compression of the coil (), 

                                            

                                                    

                                     n = 13.44  14 turns 

      For Squared and ground coils, the total number of turns 

                                    n' = n + 2 

                                       = 14 + 2 

                                    n' = 16 turns 
 

(iii) Free length of the spring 

We know that the free length of the spring (LF), 

                                   LF = (n’ * d) +  + (0.15 * ) 

                 = (16*6.401) + 25 + (0.15*25) 

            LF = 131.2 mm 
 

(iv) Pitch of the coil 

We know that the pitch of the coil (p), 

                                            

                                             

                                p = 8.75 mm  



 

Results: 
 

Wire diameter of the spring,                    d = 6.3 mm 

Mean diameter of the spring coil,           D = 32.005 mm 

Outer diameter of the spring coil,          Do = 38.406 mm 

Number of turns in the coil,                      n’ = 16 turns 

Free length of the spring,                         LF = 131.2 mm 

Pitch of the spring,                                     p = 8.75 mm 

 

Problem 5 

Design a close coiled helical compression spring for a service load ranging from 

2250 N to 2750 N. The axial deflection of the spring for the load range is 6 mm. 

Assume a spring index of 5. The permissible shear stress intensity is 420 MPa and 

modulus of rigidity, G = 84 kN/mm2. Neglect the effect of stress concentration. 

Draw a fully dimensioned sketch of the spring, showing details of the finish of the 

end coils. 

Given data:  
 

Minimum axial load on the spring,  Wmin = W1 = 2250 N 

Maximum axial load on the spring, Wmax = W2 = 2750 N 

Deflection of the spring,                            = 6 mm 

Spring Index,                            C = D/d = 5  
 

            Max. permissible shear stress,         max = 420 N/mm2  
 

Modulus of rigidity,                           G = 84 kN/mm2  = 84 x 103 N/mm2 
 

 To find: 
 

Design the close coiled helical compression spring  = ? 
 

 

  
 
 
 



 Solution: 
 

(i) Mean diameter of the spring coil for a maximum load of W2 = 2750 N 
 

We know that the twisting moment on the spring, 

 

                                                     [ C = D/d = 5 ] 
                                   T = (6875 * d) 
 

We know that the twisting moment on the spring, 

 

                                                     [ C = D/d = 5 ] 
                                   T = (6875 * d) 
 

                     

                                      

                          d = 9.13 mm 
 

 From Page No. 13.1 in PSG design data book, the standard wire size SWG 3/0  

 having diameter (d) = 9.49 mm. 

Mean diameter of the spring coil, 

 D = C * d 

                                      = 5 * 9.49 

                                   D = 47.45 mm 

    We know that the outer diameter of the spring coil, 

             Do = D + d 

                                       = 47.45 + 9.49 

                                  Do = 56.94 mm 

and inner diameter of the spring coil, 

             Di = D - d 

                                       = 47.45 - 9.49 

                                  Di = 37.96 mm 



 

(ii) Number of turns of the coils 

We know that the compression of the coil (), 

                                          

                                                

                                          n = 9.5  10 turns 
 

      For Squared and ground coils, the total number of turns 

                                    n' = 10 + 2 

                                       = 10 + 2 

                                    n' = 12 turns 
 

(iii) Free length of the spring 

Since the compression produced under 500 N is 6 mm. 

The maximum compression produced under the maximum load of 2750 N is 

   max = (6/500) * 2750 = 33 mm 
 
 

We know that the free length of the spring (LF), 

                                   LF = (n’ * d) +  + (0.15 * ) 

                 = (12*9.49) + 33 + (0.15*33) 

            LF = 151.83 mm  152 mm 
 

(iv) Pitch of the coil 

We know that the pitch of the coil (p), 

                                             

 

                                p = 13.73 mm  13.8 mm  
 

 

 

 
 



 
Results: 
 
 

Wire diameter of the spring,                    d = 6.3 mm 

Mean diameter of the spring coil,           D = 32.005 mm 

Outer diameter of the spring coil,          Do = 38.406 mm 

Number of turns in the coil,                      n’ = 16 turns 

Free length of the spring,                         LF = 131.2 mm 

Pitch of the spring,                                     p = 8.75 mm 

 

Problem 6 
 

Design and draw a valve spring of a petrol engine for the following operating 

conditions: Spring load when the valve is open = 400 N; Spring load when the 

valve is closed = 250 N; Maximum inside diameter of spring = 25 mm; Length of 

the spring when the valve is open = 40 mm; Length of the spring when the valve is 

closed = 50 mm; Maximum permissible shear stress = 400 MPa 

Given data:  
 

Spring load when the valve is open,            Wmax = W1 = 400 N 

Spring load when the valve is closed,          Wmin = W2 = 250 N 

Maximum inside diameter of the spring,         Di = 25 mm 

Length of the spring when the valve is open,   l1 = 40 mm 

Length of the spring when the valve is closed, l2 = 50 mm 

Max. permissible shear stress,                      max = 400 N/mm2  
 

 To find: 
 

Design the Valve spring of a petrol engine = ? 
 

 
 
 
 
 
 
 



 

 Solution: 
 

(i) Mean diameter of the spring coil  
 

We know that the mean diameter of the spring coil, 
      

    D = Inside diameter of the spring + Diameter of the spring wire 

                              = (Di + d) 

    D = (25 + d) mm 
 

The diameter of the spring wire is obtained for the maximum spring load (W1) 

 The maximum twisting moment on the spring, 

                         

                               

                             
 

We know that the maximum twisting moment on the spring (T), 

 

                                 

                       d = 4.2 mm    [ By Hit and trail method] 

 
 

From Page No. 13.1 in PSG design data book, the standard wire size SWG 7  

 having diameter (d) = 4.47 mm. 
 

Now, find the diameter of the spring wire by taking Wahl’s stress factor (K) into 
consideration 
 

 Spring index, C = (D/d) 

                                = (25 + 4.47) / 4.47 

        C = 6.6 

 

 

 



 

 We know the Wahl’s stress factor, 

              

                        
 

                   K = 1.227 
 

Maximum shear stress induced, (max) 

             

                                        

                d = 4.54 mm 
 

From Page No. 13.1 in PSG design data book, the standard wire size SWG 6 
having diameter (d) = 4.877 mm. 
 

Mean diameter of the spring coil, 

                                 D = 25 + d 

                                     = 25 + 4.877 

                                 D = 29.877 mm 
 

    We know that the outer diameter of the spring coil, 

           Do = D + d 

                                     = 29.877 + 4.877 

                                Do = 34.754 mm 

(ii) Number of turns of the coil  
 

The compression of the spring caused by a load of (W1 – W2), 

                       (400 – 250) = 150 N is (l2 – l1) = (50 – 40) = 10 mm. 
 

(i.e) The deflection () of the spring is 10 mm for a load (W) of 150 N. 
 

 

 

 

 



 

           We know that the deflection of the spring (), 

               

                                                                 
                                      n = 14.2  15 turns  
 

For Squared and ground coils, the total number of turns 

                                    n' = 15 + 2 

                                    n' = 17 turns 

 

(iii) Free length of the spring 

 

Since the deflection for 150 N of load is 10 mm. 
 

The maximum deflection for the maximum load of 400 N is 

   max = (10/150) * 400 = 26.67 mm 
 

We know that the free length of the spring (LF), 
 

                                   LF = (n’ * d) +  + (0.15 * ) 

                 = (17*4.877) + 26.67 + (0.15*26.67) 

            LF = 113.58 mm  114 mm 

 

(iv) Pitch of the coil 
 

We know that the pitch of the coil (p), 

                                              

 = 114 / (17 – 1)  

                                p = 7.125 mm  
 
 
 
 
 
 
 
 



 

  Results: 
 
 

Wire diameter of the spring,                    d = 4.877 mm 

Mean diameter of the spring coil,           D = 29.877 mm 

Outer diameter of the spring coil,          Do = 34.754 mm 

Number of turns in the coil,                      n’ = 17 turns 

Free length of the spring,                         LF = 113.58 mm 

Pitch of the spring,                                     p = 7.125 mm 

      

Problem 7 
 

Design a helical spring for a spring-loaded safety valve (Rams bottom safety valve) 

for the following conditions: Diameter of valve seat = 65 mm; Operating pressure 

= 0.7 N/mm2; Maximum pressure when the valve blows off freely = 0.75 N/mm2; 

Maximum lift of the valve when the pressure rises from 0.7 to 0.75 N/mm2 =        

3.5 mm; Maximum allowable stress = 550 MPa; Modulus of rigidity = 84 kN/mm2; 

Spring index = 6. 

Given data:  
 

Diameter of the valve seat,                                                  D1 = 65 mm 

Operating pressure,                                    p1 = 0.7 N/mm2 

Maximum pressure when the valve blows off freely,      p2 = 0.75 N/mm2 

Maximum lift of the valve,                                                       = 3.5 mm 

Max. allowable shear stress,                       max = 550 MPa = 550 N/mm2  

Modulus of rigidity,                                       G = 84 kN/mm2  = 84 x 103 N/mm2 

Spring index,                                                                             C = 6 

To find: 
 

Design the Spring-loaded safety valve (or) Rams bottom safety valve =? 
 

 



 
 Solution: 
 

(i) Mean diameter of the spring coil  
 

Since the safety valve is a Rams bottom safety valve, therefore the spring will be 
under tension. 
 

We know that the initial tensile force acting on the spring 

      (i.e.) before the valve lifts., 
 

             

                     
          W1 = 2323 N 

 

and the maximum tensile force acting on the spring  

       (i.e.) when the valve blows off freely 
 

We know that the initial tensile force acting on the spring 

  

        = (π/4) * 652* 0.75 

  W2 = 2489 N 

 

  Force which produces the deflection of 3.5 mm.    (Given) 

  W = W2 – W1 

                            = 2489 – 2323 

  W = 166 N 

 

 The maximum twisting moment on the spring (T), 

                            

      
 T = 7467 * d 
 

 



 

Also we know that the maximum twisting moment on the spring (T), 

     
 

                   

           d = 8.3 mm 
 

From Page No. 13.1 in PSG design data book, the standard wire size SWG 2/0 

having diameter (d) = 8.839 mm. 
 

Mean diameter of the spring coil, 

 D = (6 * d) 

                                      = (6 * 8.839) 

                                   D = 53.034 mm 

 

    Outside diameter of the spring coil, 

             Do = D + d 

                                       = 53.034 + 8.839 

                                  Do = 61.873 mm 

and inside diameter of the spring coil, 

             Di = D - d 

                                       = 53.034 - 8.839 

                                  Di = 44.195 mm 
 

(ii) Number of turns of the coil  
 

           We know that the deflection of the spring (), 

                                         

                                                                       
                         n = 9.06  10 turns  
 
 
 



 
 

For a spring having loop on both ends, the total number of turns, 

                                    n' = n + 1 

                 = 10 + 1 

                                    n' = 11 turns 
 

(iii) Free length of the spring 
 

Taking the least gap between the adjacent coils as 1 mm when the spring is in 

free state, the free length of the tension spring, 
 

We know that the free length of the spring (LF), 

     

                                          
 

            LF = 97.39 mm 
 

(iv) Pitch of the coil 
 

We know that the pitch of the coil (p), 

                                                

                                                = 97.39 / (10 – 1)  

                                  p = 10.82 mm  
 

  Results: 
 
 

Wire diameter of the spring,                    d = 8.839 mm 

Mean diameter of the spring coil,           D = 53.034 mm 

Outside diameter of the spring coil,      Do = 61.873 mm 

Inside diameter of the spring coil,         Di = 44.195 mm 

Number of turns in the coil,                      n = 10 turns 

Free length of the spring,                         LF = 97.39 mm 

Pitch of the spring,                                     p = 10.82 mm 

 



 

Stress and Deflection in Helical Springs of Non-circular Wire  
 

• The helical springs may be made of non-circular wire such as rectangular (or) 

square wire, in order to provide greater resilience in a given space.  
 

Disadvantages:  
 

(i)   The quality of material used for springs is not so good.  

(ii) The shape of the wire does not remain square (or) rectangular while    

  forming helix, resulting in trapezoidal cross-sections for the reduction in  

  energy absorbing capacity of the spring.  
 

(iii) The stress distribution is not favorable as compared to circular wires but  

   this effect is negligible where loading is of static nature.  
 

   The maximum shear stress is given by 

            
 

The above expression is applicable, when the longer side (i.e.) t > b is parallel to 

the axis of the spring and when the shorter side (i.e.) t < b is parallel to the axis of 

the spring. 
 

Then maximum shear stress, 
 

     
 

and the deflection of the spring 

    
 

For springs made of square wire, the dimensions b and t are equal.  
 

Therefore, the maximum shear stress is given by 

    
 

and the deflection of the spring 



                   
 

                                    

where b = Side of the square 
 

Helical Springs Subjected to Fatigue Loading 

• The helical springs subjected to fatigue loading are designed by using the 

Soderberg line method (for completely reversed stresses).  

• The spring materials are usually tested for torsional endurance strength 

under a repeated stress that varies from zero to a maximum.  

• Since the springs are ordinarily loaded in one direction only (the load in 

springs is never reversed in nature), therefore a modified Soderberg diagram 

is used for springs, as shown in Figure. 

 

• The endurance limit for reversed loading is shown at point A, where the 

mean shear stress is equal to τe/2 and the variable shear stress is also equal 

to τe/2.  

• A line drawn from A to B (the yield point in shear, τy) gives the Soderberg’s 

failure stress line.  



 

• If a suitable factor of safety (F.S) is applied to the yield strength (τy), a safe 

stress line CD may be drawn parallel to the line AB, as shown in above Figure.  
 

Consider a design point P on the line CD. Now the value of factor of safety may be 

obtained as discussed below: 

From similar triangles PQD and AOB, we have 

 

     

              

 

   

Dividing both sides by (τe *τy) and rearranging, we have 

                    
Note: 

From the above equation, the expression for the factor of safety (F.S) may be 

written as 

        
The value of mean shear stress (τm) is calculated by using the shear stress factor 

(KS), while the variable shear stress is calculated by using the full value of the 

Wahl’s factor (K).  



 

Thus, Mean shear stress, 

                 

Where,            

and variable shear stress, 

                 

Where,    

 

Problem 8 
 

A helical compression spring made of oil tempered carbon steel is subjected to a 

load which varies from 400 N to 1000 N. The spring index is 6 and the design 

factor of safety is 1.25. If the yield stress in shear is 770 MPa and endurance stress 

in shear is 350 MPa, find: 1. Size of the spring wire, 2. Diameters of the spring,      

3. Number of turns of the spring, and 4. Free length of the spring. The 

compression of the spring at the maximum load is 30 mm. The modulus of rigidity 

for the spring material may be taken as 80 kN/mm2. 

Given data:  
 

Minimum load on the spring,          Wmin = 400 N 

Maximum load on the spring,         Wmax = 1000 N 

Spring index,                                             C = 6 

Factor of safety,                                    F.S. = 1.25  

Shear stress at yield point,                     τy = 770 MPa = 770 N/mm2 

Endurance limit stress due to torsion, τe = 350 MPa = 350 N/mm2  

Deflection of the spring,                          δ = 30 mm 

Rigidity  modulus,                                     G = 80 kN/mm2 = 80 × 103 N/mm2 

 



To find: 
 

1. Size of the spring wire,                      d = ?  

2. Diameters of the spring, D, Do and Di = ?      

3. Number of turns of the spring,       n’ = ?  

4. Free length of the spring,                 LF = ? 
 

 Solution: 
 

(i) Size of the spring wire 
 

We know that, the area of the spring (A),  

                              A = (/4) * d2 

                                                                       A = 0.7865 * d2 mm2 

We know that, the mean load (Wm),  

                          

                                   

                     Wm = 700 N 
 

Also, we know that, the variable load (Wv),  

                                  

                                      
                         Wv = 300 N 

Shear stress factor (K) 

                    

                                                                       = 1 + (1/ (2*6)) 

                                                                    K = 1.083 

 
 



 
Wahl’s shear stress factor (Ks) 

                      
 

                                               

                          Ks = 1.2525 
 

We know that mean shear stress, 

                       

                                  

                               
and variable shear stress, 

                       

                                                                    

                                                                   
We Know that,  

                 

                                                           

                                                                   
                     d2 = 50.5  

                    d = 7.1 mm 
 

The standard SWG1 with the wire diameter, d = 7.64 mm is considered for the 
design. 

 



Diameters of the spring 
 

We know that mean diameter of the spring (D)           
                        D = (C * d)  
                          = (6 * 7.64)  

                                                                  D = 45.84 mm  
 

Outer diameter of the spring (Do) 
                 Do = (D + d)  
                                                                      = (45.84 + 7.64)  

                                                                 Do = 53.48 mm  
 

and inner diameter of the spring (Di) 
                    Di = (D – d)  

                                                                       = (45.84 - 7.64) 

                                                                   Di = 38.2 mm 
 

Number of turns of the spring 

 

We know that deflection of the spring (δ), 

                 

       
          n = 9.87  10 

 

Assuming the ends of the spring to be squared and ground, the total number of 
turns of the spring, 
                  n' = (n + 2)  

                                                                      = 10 + 2  

                                                                 n' = 12 turns 
 

Free length of the spring 
 

We know that free length of the spring (LF) 

             
                         = (12 * 7.1) + 30 +(0.15 * 30) 

                           LF = 119.7  120 mm 



 

Results: 

1. Size of the spring wire,                      d = 7.64 mm  

2. Diameters of the spring,                   D = 45.84 mm 

                                                                    Do = 53.48 mm    and  

                                                                     Di = 38.2 mm 

3. Number of turns of the spring,       n’ = 12 turns  

4. Free length of the spring,                 LF = 120 mm 
 

Springs in Series 

∴ Total deflection of the springs, 
 

 
 

Springs in Parallel 

∴ Total load on the springs, 
 

 
 

 

Concentric or Composite Springs  
 

A concentric or composite spring is used for one of the following purposes:  
 

1. To obtain greater spring force within a given space  
 

2. To insure the operation of a mechanism in the event of failure of one of the     

     springs 
 



 

Leaf Springs 

• Leaf springs (also known as flat springs) are made out of flat plates.  
 

• The advantage of leaf spring over helical spring is that the ends of the spring 
may be guided along a definite path as it deflects to act as a structural 
member in addition to energy absorbing device.  

 

• Thus the leaf springs may carry lateral loads, brake torque, driving torque 
etc., in addition to shocks. 

 

Single plate fixed at one end and loaded at the other end 

 

• The above figure has the single plate fixed at one end and loaded at the 
other end.  

• This plate may be used as a flat spring.  

     Let t = Thickness of plate, b = Width of plate, and L = Length of plate (or) 
distance of the load W from the cantilever end.  
 

We know that the maximum bending moment at the cantilever end A,  
 

             M = W.L 

and section modulus, 

                 

                                            

                                            
 
 



 

 Bending stress in such a spring, 
 

             

                                           

                                           
We know that the maximum deflection for a cantilever with concentrated load at 
the free end is given by 
 

              

                                           

                                           
 

                                          

• Due to bending moment, the top fibres will be in tension and the bottom fibres 
are in compression, but the shear stress is zero at the extreme fibres and 
maximum at the centre, as shown in Figure.  

 

• Hence for the analysis, both stresses need not to be taken into account 
simultaneously. (i.e.) The bending stress only considered. 

 

 



If the spring is a simply supported beam with length 2L and load 2W in the centre, 
then the maximum bending moment in the centre,  
 

        M = (W * L) 
 

Then, the section modulus,                              

 Bending stress in the spring, 

             

                                           
 

                                           
 

 
 

We know that maximum deflection of a simply supported beam (Double 
Cantilever) loaded in the centre is given by 

              

                    

                  ( From the figure, W1 = 2W and L1 = 2L) 

              



 

• If the plate of cantilever which is cut into a series of n strips of width b, then 
the bending stress and deflection may be written a 

 

The bending stress of the spring,        
 

And the deflection of the spring,        

                                                                 

• Due to the stress and deflection of a leaf spring is uniform cross-section, the 
maximum stress is occurred at the support. 

 

• If a triangular plate is used instead of uniform cross-section of the spring, then 
the stress will be uniform throughout.  

 

• If the triangular plate is cut into strips of uniform width and placed one below 
the other as shown in Figure, to form a graduated (or) laminated leaf spring, 
then 

 



The bending stress of the spring,        
 

And the deflection of the spring,                                            

                                                                 

                                                   Where, n = Number of graduated Leaves 

• In this arrangement, the spring becomes compact so that the space occupied 
by the spring is considerably reduced. 

 

• When the bending stress is alone considered, the graduated leaves may have 
zero width at the loaded end.  
 

• But the sufficient material is be provided to support the shear.  
 

• Therefore, one (or) more leaves of uniform cross-section is considered for the 
spring. 
 

• From the above relations, the same deflection is considered for both 
rectangular plates and triangular plates of the spring. 
 

•  Then, the stress in the uniform cross-section leaves (i.e.) full length leaves is 
50% greater than in the graduated leaves. 

              

•  Assume, each spring deflects in its own elastic curve.  
 

• If the suffixes F and G are used to indicate the full length (or) uniform cross-
section and graduated leaves, then     
 

             

         

                             



Adding 1 to both sides, then we get 

            

           

           

                                                              

     Where, Total load on the spring,  W = WG + WF 

                                                                WG = Load taken up by graduated leaves and 

                                                                WF = Load taken up by full length leaves. 

Similarly, we get write the equation as, 

                                                             

Adding 1 to both sides, then we get 

                                                       

           

           

           

∴ Bending stress for full length leaves, 

                                                                



   

                                                                 

We know that             

                                                             

                                          

                                                                  

The deflection in full length and graduated leaves is, 

               

                             

                                                                    

Construction of Leaf Spring 
 

• The semi-elliptical leaf spring commonly used in automobiles which is built up 
of a number of plates known as (leaves).  

• The leaves are usually given an initial curvature (or) cambered so that they will 
tend to straighten under the load.  

• The leaves are held together by means of a band shrunk around them at the 
centre (or) by a bolt passing through the centre.  

• Since the band exerts a stiffening and strengthening effect, therefore the 
effective length of the spring for bending will be overall length of the spring 
minus width of band.  



 

• In case of a centre bolt, two-third distance between centres of U-bolt should 
be subtracted from the overall length of the spring in order to find effective 
length.  

• The spring is clamped to the axle housing by means of U-bolts. 

 

• The longest leaf known as main leaf (or) master leaf has its ends formed in the 
shape of an eye through which the bolts are passed to secure the spring to its 
supports.  
 

• Usually, the eyes are provided with bushings of some antifriction material such 
as bronze (or) rubber.  
 

• The other leaves of the spring are known as graduated leaves which are 
trimmed in various forms in order to prevent digging in the adjacent leaves.  
 

• Since the master leaf has to with stand vertical bending loads as well as loads 
due to sideways of the vehicle and twisting.  
 

• Due to the presence of stresses caused by the above loads, it is usually 
provided to two full length leaves and the rest graduated leaves.  
 

• Rebound clips are located at intermediate positions in the length of the spring, 
so that the graduated leaves also share the stresses induced in the full length 
leaves when the spring rebounds. 

 



 

Equalised Stress in Spring Leaves (Nipping) 
 

• The advantage of the spring is that all the leaves should be equally stressed 
and it is obtained by the following two ways: 

 

1. By making the full length leaves of smaller thickness than the graduated 
Leaves so that it will induce smaller bending stress due to small distance 
from the neutral axis to the edge of the leaf. 
 

2. By giving a greater radius of curvature to the full length leaves than 
graduated leaves before the leaves are assembled to form a spring.  
 

• A gap (or) clearance will be left between the leaves and this initial gap is called 
nip.  
 

• When the central bolt holding the various leaves together is tightened, the full 
length leaf will bend back and have an initial stress in a direction opposite to 
that of the normal load.  

 

• The graduated leaves will have an initial stress in the same direction as that of 
the normal load.  

• When the load is gradually applied to the spring, the full length leaf is first 
relieved of this initial stress and then stressed in opposite direction.  

• Accordingly, the full length leaf will be stressed less than the graduated leaf. 

•  The initial gap between the leaves may be adjusted so that under maximum 
load condition the stress in all the leaves is equal, the full length leaves may 
have the lower stress.  

 

 



• In automobile springs, the full length leaves are designed for lower stress 
because the full length leaves carry additional loads caused by the swaying of 
the car, twisting and in some cases due to driving the car through the rear 
springs.  

• The total deflection of the graduated leaves will exceed the deflection of the 
full length leaves by an amount equal to the initial gap C.  

           

             

                       

We know that the stresses are equal, 

           

                                                     

          

          

               and    

                                                                
Substituting the values of WG and WF, then we get, 
 

             

          

 



• The load on the clip bolts (Wb) required to close the gap is determined by the 
fact that the gap is equal to the initial deflections of full length and graduated 
leaves. 

 

            

                                                     

         

        

           

          
The final stress in spring leaves will be the stress in the full length leavesdue to 
the applied load minus the initial stress. 

Therefore, the final stress is given by, 

             

        

       

              

 



The final stress in spring leaves will be the stress in the full length leaves due to 
the applied load minus the initial stress. 
 

  Final Stress,    

                                    
 

                                    
 

 

                                    
 

                                     
 

                                    
 

                                                                       
 

Notes:  
 

1. The final stress in the leaves is also equal to the stress in graduated leaves due  
     to the applied load plus the initial stress. 
 

2. The deflection in the spring due to the applied load is same as without initial  
     stress. 

 

Length of Leaf Spring Leaves 
 

The length of the leaf spring leaves may be obtained as discussed below: 
 

Let,   2L1 = Length of span or overall length of the spring, 
 

              l = Width of band or distance between centres of U-bolts.  
                   It is the ineffective length of the spring, 
 
 



            nF = Number of full length leaves, 
 

            nG = Number of graduated leaves, and 
 

              n = Total number of leaves = nF + nG 
 

The effective length of the spring, 
 

2L = 2L1 – l   ...(When band is used) 
 

                                                               = 2L1 – (2/3) l     ... (When U-bolts are used) 
 

Note: 
 

1. When there is only one full length leaf (i.e.) master leaf only, then the 
number of leaves to be cut will be ‘n’ and  
 

2. When there are two full length leaves (including one master leaf), then the 
number of leaves to be cut will be (n – 1).  
 

3. If a leaf spring has two full length leaves, then the length of leaves is 
obtained as follows: 

 

  
 

             
 

    
 

   

 Where,                                             d = Inside diameter of eye, and  
                                                                    t = Thickness of master leaf 

The approximate relation between the radius of curvature (R) and the camber (y) 
of the spring is given by 

              

 

 



The exact relation is given by 

                      

Where,                                         L1 = Half span of the spring 

 
Materials for Leaf Springs 
 

The material used for leaf springs are, 
 

Plain carbon steel (a) automobiles : 50 Cr 1, 50 Cr 1 V 23, and  
                                                                55 Si 2 Mn 90 all used in hardened  
                                                                And tempered state. 
 

                                                (b) rail road springs : C 55 (water-hardened),  
                                                                                      C 75 (oil-hardened),  
                                                                                      40 Si 2 Mn 90 (water hardened)  
                                                                                      55 Si 2 Mn 90 (oil-hardened). 
 

 
Problem 1 
 

Design a leaf spring for the following specifications: Total load = 140 kN; Number 
of springs supporting the load = 4; Maximum number of leaves = 10; Span of the 
spring = 1000 mm; Permissible deflection = 80 mm. Take Young’s modulus,             
E = 200 kN/mm2 and allowable stress in spring material as 600 MPa. 
 
Given Data:  
 
     Total load,                                       2W = 140 kN 

 

     No. of springs supporting the load    = 4 
 

     Maximum number of leaves,          n = 10 
 

     Span of the spring,                          2L = 1000 mm 
 

                                                                   L = 500 mm 
 

     Permissible deflection,                     δ = 80 mm 
 

     



 
 Young’s modulus,                                  E = 200 kN/mm2  
                                    

             = 200 × 103 N/mm2 
 

Allowable stress in spring material,    σ = 600 MPa  
                                                                      = 600 N/mm2 
 
To Find: 
    Thickness of the leaves, t = ? 
 

                              Width of the leaves, b = ? 

 

Solution: 
 

We know that load on each spring, 

                                                                 

       = (140 / 4) = 35 kN 

             W = (35/2) = 17.5 kN 

              W = 17500 N 

 We know,                                         t = Thickness of the leaves, and 
                                                                   b = Width of the leaves 

The bending stress (σb) is given by 

        

            

          600 =   
 

                                                                  --- Eqn (1) 

 

 



 

And deflection of the spring (),   

                                                                       

           80  

                                                               --- Eqn (2) 

By solving the above equations (1) and (2), then we get, 

                                                                   b = 82 mm 

               t = 9.37 mm  

                                                                    t  10 mm 

Result: 
    Thickness of the leaves, t =  10 mm 
 

                              Width of the leaves, b =  82 mm 

 

Problem 2 
 
A truck spring has 12 number of leaves, two of which are full length leaves. The 
spring supports are 1.05 m apart and the central band is 85 mm wide. The central 
load is to be 5.4 kN with a permissible stress of 280 MPa. Determine the thickness 
and width of the steel spring leaves. The ratio of the total depth to the width of 
the spring is 3. Also determine the deflection of the spring. 
 

Given Data:  
 
Maximum number of leaves,               n = 12 
 

Number of Full length leaves,             nF = 2  
 

Length of the spring,                           2L1 = 1.05 m  
                                                                      = 1050 mm 
 

                                           Central band, l = 85 mm 



 
 Central load,                                       2W = 5.4 kN = 5400 N  
                                                                 W = 2700 N 
 

Allowable stress in spring material,  σF = 280 MPa  
                                                                      = 280 N/mm2 

 

Young’s modulus,                                  E = 210 kN/mm2     (Assume) 
                                    

             = 210 × 103 N/mm2 
 
To Find: 
    Thickness of the leaves, t = ? 
 

                              Width of the leaves, b = ? 

                   Deflection of the spring,     = ? 

 

(a) Thickness and width of the spring leaves 
 

We know,                                                 t = Thickness of the leaves, and 
                                                                  b = Width of the leaves. 
 

     Ratio of the total depth of the spring (n × t) and width of the spring (b) = 3 
 

               (n * t) / b    = 3 

        b = (4* t)            [n = 12] 

We know that the effective length of the spring, 

           

                                                                 2L = (1050 – 85) = 965 mm 

                                                                   L = (965 / 2)  

                                                                   L = 482.5 mm  

and number of graduated leaves, 
        nG = n – nF  
 

             = 12 – 2  
        nG = 10 



 
Assuming that the leaves are not initially stressed, therefore maximum stress (or) 
bending stress for full length leaves (σF), 
 

           
 

              

          t = 9.3 mm  

          t  10 mm   and  

          b = 40 mm 

 

Deflection of the spring 
 

We know that deflection of the spring, 

                                   

                    

                                                                    = 16.7 mm 

Result: 
    Thickness of the leaves, t = 10 mm 
 

                              Width of the leaves, b = 40 mm 

                   Deflection of the spring,     = 16.7 mm 

 

 

 

 

 



 
Problem 3 
 

A locomotive semi-elliptical laminated spring has an overall length of 1 m and 
sustains a load of 70 kN at its centre. The spring has 3 full length leaves and 15 
graduated leaves with a central band of 100 mm width. All the leaves are to be 
stressed to 400 MPa, when fully loaded. The ratio of the total spring depth to that 
of width is 2. E = 210 kN/mm2. Determine: 1. The thickness and width of the 
leaves. 2. The initial gap that should be provided between the full length and 
graduated leaves before the band load is applied. 3. The load exerted on the band 
after the spring is assembled. 
 

Given Data:  
 
Overall length of the spring,               2L1 = 1 m = 1000 mm 
                                 

Central load,                                       2W = 70 kN = 70 x 103 N  
                                                                W = 35 x 103 N 
 

Number of graduated leaves,            nG = 15 
 

Number of Full length leaves,             nF = 3  
 
Central band,                                           l = 100 mm 
 
Allowable stress in spring material,    σ = 400 MPa  
                                                                      = 400 N/mm2 

 

Young’s modulus,                                  E = 210 kN/mm2     (Assume) 
                                    

             = 210 × 103 N/mm2 
 
To Find: 
 

1. Thickness and width of the leaves, t = ? 

2. The initial gap,                                    C = ? 

3. The load exerted on the band  

         after the spring is assembled, Wb = ? 

 
 



 
Solution: 
 
1. Thickness and width of leaves 
 
We know,                                                 t = Thickness of leaves, and 
 

                                                                  b = Width of leaves. 
 

Also, we know that the total number of leaves, 
                                                       n = nF + nG  
                                                           = 3 + 15  
                                                       n = 18 

Ratio of the total spring depth (n × t) and width of leaves = 2 
 

                                              

                                                 b = (9* t)                     [ n = 18] 

We know that the effective length of the spring, 

           

                                                                 2L = (1000 – 100) = 900 mm 

                                                                   L = (900 / 2)  

                                                                   L = 450 mm  

Since all the leaves are equally stressed, the final stress (σ) 

           

                                                                                                                       

          t = 11.34 mm  

          t  12 mm   and  

          b = 108 mm 

 

 



 
2. Initial gap 
 

We know that the initial gap (C) that should be provided between the full length 
and graduated leaves before the band load is applied, is given by 
 

             

       

             C = 9.04 mm 

3. Load exerted on the band after the spring is assembled 
 

We know that the load exerted on the band after the spring is assembled, 

            

        

                     Wb = 4487 N 

Result: 
 

1. Thickness of the leaves,          t = 12 mm 

Width of the leaves,                b = 108 mm 

2. The initial gap,                           C = 9.04 mm 

3. The load exerted on the band after the 

         spring is assembled,         Wb = 4487 N 

 

 

 

 

 

 



 

Problem 4 
 
A semi-elliptical laminated vehicle spring to carry a load of 6000 N is to consist of 
seven leaves 65 mm wide, two of the leaves extending the full length of the 
spring. The spring is to be 1.1 m in length and attached to the axle by two U-bolts 
80 mm apart. The bolts hold the central portion of the spring so rigidly that they 
may be considered equivalent to a band having a width equal to the distance 
between the bolts. Assume a design stress for spring material as 350 MPa. 
Determine : 1. Thickness of leaves, 2. Deflection of spring, 3. Diameter of eye, 4. 
Length of leaves, and 5. Radius to which leaves should be initially bent. 
 

Given Data:  
                          

Central load,                                       2W = 6000 N = 6 x 103 N  
                                                                W = 3 x 103 N 
 

Total number of leaves,                        n = 7 
 
Width of the leaves,                              b = 65 mm 
 

Number of Full length leaves,             nF = 2  
 
Overall length of the spring,             2L1 = 1.1 m = 1100 mm 
                                                                 L1 = 550 mm 
 
Length of U-bolts,                                    l = 80 mm 
 
Allowable stress in spring material,    σ = 350 MPa  
                                                                      = 350 N/mm2 

 

Young’s modulus,                                  E = 210 kN/mm2     (Assume) 
                                    

             = 210 × 103 N/mm2 
 
To Find: 
 

1. Thickness of the leaves,                    t = ? 

2. Deflection of the spring,                    = ? 

3. Diameter of the eye,           d = ? 



4. Length of leaves,                                   = ?   
5. Radius to which leaves  
                     should be initially bent,    R = ? 
 
Solution: 
 

1. Thickness of leaves 
 

We know that the effective length of the spring, 
 

        2L = 2L1 – l  
             = 1100 – 80 = 1020 mm 
 

∴               L = 1020 / 2  
                                                          L = 510 mm 

 

and number of graduated leaves, 
        nG = n – nF  
             = 7 – 2  
        nG = 5 
 

Assuming that the leaves are not initially stressed, the maximum stress (σF), 

                     

                            

                                                                    t = 8.7 mm  

                                                                   t  9 mm 

 

2. Deflection of spring 
 

We know that deflection of spring, 

             

       
                                                                   = 30 mm 



 

3. Diameter of eye 
 

The inner diameter of eye is obtained by considering the pin in the eye in bearing, 
because the inner diameter of the eye is equal to the diameter of the pin. 
 

 

Let d = Inner diameter of the eye or diameter of the pin, 
 

l1 = Length of the pin which is equal to the width of the eye or leaf 
                                                         (i.e.) b = 65 mm                              ...(Given) 
 

Bearing pressure on the pin,              pb = 8 N/mm2. 

We know that the load on pin (W), 
 

                                                            3000 = d × l1 × pb 
                                                                      = d × 65 × 8 = 520 d 

                                                           d = 5.77 mm  

∴                                                        d  6 mm 
 

Let us now consider the bending of the pin. Since there is a clearance of about 2 
mm between the shackle (or) plate and eye as shown in above Figure. 
 

Therefore, length of the pin under bending, 
 

             l2 = l1 + (2 × 2)  

                                                                      = 65 + 4  

                                                                  l2 = 69 mm 

Maximum bending moment on the pin, 

            

                 
    M = 51,750 N-mm 



and section modulus, 

             

              Z = 0.0982 * d3 

Assume, σb = 80 N/mm2 

 We know that bending stress, (σb) 

                                                                 

                 

                                                                  d = 18.7 mm 

                                                                  d  20 mm 

 The inner diameter of eye (or) 
                                 diameter of pin, (d ) = 20 mm  
 
Check the pin for induced shear stress with double shear, therefore, load on the 
pin (W) 

                   

                 

               = 4.77 N/mm2, Which is safe. 
4. Length of leaves 
 

We know that  
The ineffective length of the spring,    l = 80 mm ... ( for U-bolts) 
 

                                 

                                                                                                                                     

                                 

     



        

   

   

The 6th and 7th leaves are full length leaves and the 7th leaf (i.e.) the top leaf will 
act as a master leaf.  

We know that the length of the master leaf 

                 

       

                                                                      = 1282.2 mm 

5. Radius to which the leaves should be initially bent 
 

Let,  R = Radius to which the leaves should be initially bent, and 
         y = Camber of the spring. 
 

We know that 

          

                              (y = ) 

                                                                  R = 5056.5 mm 

 

Result: 
 

1. Thickness of the leaves,                    t = 9 mm 

2. Deflection of the spring,                    = 30 mm 

3. Diameter of the eye,           d = 20 mm 

4. Length of leaves,                                   
5. Radius to which leaves  
                     should be initially bent,    R = 5056.5 mm 
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EBM6DT094         UNIT – III 
 

Design of Shafts 
 

Introduction 
 

• A shaft is a rotating machine element which is used to transmit power from 
one place to another.  
 

• The power is delivered to the shaft by some tangential force and the 
resultant torque (or) twisting moment set up within the shaft permits the 
power to be transferred to various machines linked up to the shaft.  

 

• In order to transfer the power from one shaft to another, the various 
members such as pulleys, gears etc., are mounted on it. These members 
along with the forces exerted upon them causes the shaft to bending. 

 

• In other words, we may say that a shaft is used for the transmission of 

torque and bending moment. The various members are mounted on the 

shaft by means of keys or splines. 
 

Requirements of the Shaft Materials 
 

The material used for shafts should have the following properties: 
 

o It should have high strength 

o It should have good machinability 

o It should have low notch sensitivity factor 

o It should have good heat treatment properties 

o It should have high wear resistant properties 
 

Materials for Shafts 
 

For ordinary shafts   - Carbon steel of grades 40 C 8, 45 C 8, 50 C 4 and 50 C 12 
 

For high strength      - Alloy steels such as nickel, nickel-chromium (or) chrome- 
                                       vanadium steel is used. 
 
 



Types of Shafts 
 

o Transmission shafts  

o Machine shafts  

 
Stresses in Shafts 
 

The following stresses are induced in the shafts: 
 

o Shear stresses due to the transmission of torque (i.e.) due to torsional load 
 

o 2.Bending stresses (tensile or compressive) due to the forces acting upon  
o machine elements like gears, pulleys etc. and the weight of the shaft itself. 
 

o Stresses due to combined torsional and bending loads. 
 
 
 
 
Design of Shafts 
 

The shafts may be designed on the basis of 

o Strength, and  

o Rigidity and stiffness. 

 
(a) Shafts subjected to twisting moment (or) torque only 
 

• When the shaft is subjected to a twisting moment (or) torque only, then 
the diameter of the shaft may be obtained by using the torsion equation.  
 

• We know the torsional equation,  
 

    
 

Where,  T = Twisting moment (or) torque acting upon the shaft, 

                J = Polar moment of inertia of the shaft about the axis of rotation, 

                τ = Torsional shear stress, and 

                r = Distance from neutral axis to the outer most fibre = (d / 2) 

               d = Diameter of the shaft 

 



For Solid Shaft 
 
The polar moment of inertia, 

                         
 
And the torque developed by the solid shaft, 
 

          
 
For Hollow Shaft 
 
The polar moment of inertia, 

          
 
 

And the torque developed by the solid shaft, 
 

          
 
Where,        k = Ratio between the inside diameter to the outside diameter of  
                            the hollow shaft. 
 
                     k  = (di / do) 
 
 

Note:  
 

o The hollow shafts are usually used in marine work.  
 

o These shafts are stronger and more homogeneous than the solid shaft. 
 

o When a hollow shaft is equal strength of solid shaft, the torque (or) 
twisting moment of both the shafts must be same 
 

                                                        
 



           
 

o The power transmitted by the shafts 

             Watts 

Where, T = Twisting moment in N-m, and  

              N = Speed of the shaft in rpm 
 

o In Belt drives, the torque transmitted (T), 

          
Where, T1 = Tension in tight side of the belt 

       T2 = Tension in slack side of the belt and  

     R = Radius of the pulleys 

 
 
 
 
Problem 1 
 
A solid shaft is transmitting 1 MW at 240 rpm. Determine the diameter of the 
shaft if the maximum torque transmitted exceeds the mean torque by 20%. Take 
the maximum allowable shear stress as 60 MPa. 
 
Given Data: 
 

Power transmitted by the shaft,          P = 1 MW  
                                                                       = 1 × 106 Watts  
 
Speed of the shaft,                                 N = 240 rpm 
 
Maximum Torque,                              Tmax = 1.2 Tmean 

 

Shear stress developed,                          τ = 60 MPa  
                                                                       = 60 N/mm2 
 
To Find: 
 

Suitable diameter of the shaft,             d = ?  
 



Solution: 
 

We know that mean torque transmitted by the shaft, 
 

     
 

               
 

               = 39.784 x 103 N-m 
 

Tmean = 39.784 x 106 N-mm 
 

Maximum torque transmitted, 
       Tmax = 1.2 Tmean 

 

    
 

      Tmax  = 47.741 x 106 N-mm 
 
 
We know that maximum torque transmitted, (Tmax) 
 

        
 

                                       
 

          d = 159.4 mm  
 

               d  160 mm 
 
Result: 
 

Suitable diameter of the shaft,             d = 160 mm  
 
(b) Shafts subjected to bending moment (or) torque only 
 

• When the shaft is subjected to a bending only, then the diameter of the 
shaft may be obtained by using the bending equation.  
 

• We know the bending equation,  
 



        
 

Where, M = Bending moment acting on the shaft, 

                 I = Moment of inertia of the shaft about the axis of rotation, 

              σb = bending stress, and 

                y = Distance from neutral axis to the outer most fibre  

               d = Diameter of the shaft 
 

For Solid Shaft 
 

The moment of inertia of the solid shaft, 

                        and  
 

                                                                    y = (d / 2) 
 
And the bending moment on the solid shaft, 
 

           
 
 
 
 
For Hollow Shaft 
 
The moment of inertia of the hollow shaft, 
 

          

                                                                       
                        and  
 

                                                                    y = (do / 2) 
 

Where,        k = Ratio between the inside diameter to the outside diameter of  
                            the hollow shaft. 
 
                     k  = (di / do) 
 



And the bending moment on the hollow shaft, 

         
           

Problem 2 
 

A pair of wheels of a railway wagon carries a load of 50 kN on each axle box, 
acting at a distance of 100 mm outside the wheel base. The gauge of the rails is 
1.4 m. Find the diameter of the axle between the wheels, if the stress is not to 
exceed 100 MPa. 

 
 
 

 
Given Data: 
 

Load on the shaft,                                  W = 50 kN  
                                                                       = 50 × 103 N  
 
Distance between the outside wheels, L = 100 mm 
 
Gauge of the rails,                                   x = 1.4 m 
 
Maximum bending stress,                   σb = 100 MPa 
                                                                      = 100 N/mm2 
 
To Find: 
 

Suitable diameter of the shaft,             d = ?  
 
Solution: 
 

From the Figure,  
 



The maximum B.M. may be obtained as follows: 
         RC = RD = 50 kN = 50 × 103 N 
 

B.M. at A,            MA = 0 
 

B.M. at C,            MC = 50 × 103 × 100  

                                                              = 5 × 106 N-mm 
 

B.M. at D,                                      MD = 50 × 103 × 1500 – 50 × 103 × 1400  

                                                              = 5 × 106 N-mm 
 

B.M. at B,            MB = 0 

 
The maximum bending moment acts on the wheels at C and D.  
 

 

Therefore, the maximum bending moment, 
 

          M = W.L  

               = 50 × 103 × 100  

          M = 5 × 106 N-mm 

 
 
 
 
We know that the maximum bending moment (M), 
 

 
 

    
 

d = 79.8 mm 
 

d  80 mm 
 
Result: 
 

Suitable diameter of the shaft,             d = 80 mm 
 

     
Shafts Subjected to Combined Twisting Moment and Bending Moment 
 

o When the shaft is subjected to combined twisting moment and bending 
moment, then the shaft must be designed on the basis of the two moments 
simultaneously.  



 
o Various theories have been suggested to account for the elastic failure of 

the materials when they are subjected to various types of combined 
stresses.  

 

o The following two theories are considered for the designing of the shafts: 
 

1. Maximum shear stress theory (or) Guest's theory.  
 

2. Maximum normal stress theory (or) Rankine’s theory 
 

We know,  
τ = Shear stress induced due to twisting moment, and 
 

          σb = Bending stress (tensile or compressive) induced due to bending 
                   moment. 
 
 
 
 
 
 
 
According to maximum shear stress theory, the maximum shear stress in the 
shaft, 
 

                
The equivalent twisting moment, (Te)  
 

                 
 

According to maximum normal stress theory, the maximum normal stress in 
the shaft, 
 

                
 
The equivalent bending moment, (Me)  
 



        
Note: 
 

Sl. 
No. 

Gear Pulley Belt 

1 

Torque transmitted, 

       

Torque transmitted 
by the shaft 

    

Torque transmitted by 
the shaft 

    

2 

Tangential force on 
the gear, 

    

---- 

Tension ratio 

   

3 

Normal load acting 
on the tooth of the 
gear 

     

---- ---- 

4 

Maximum bending 
moment at the 
centre of the gear 

   

---- ---- 

 
 
Problem 3 
 

A shaft is supported by two bearings placed 1 m apart. A 600 mm diameter 
pulley is mounted at a distance of 300 mm to the right of left hand bearing and 
this drives a pulley directly below it with the help of belt having maximum 
tension of 2.25 kN. Another pulley 400 mm diameter is placed 200 mm to the 
left of right hand bearing and is driven with the help of electric motor and belt, 
which is placed horizontally to the right. The angle of contact for both the pulleys 
is 180° and μ = 0.24. Determine the suitable diameter for a solid shaft, allowing 
working stress of 63 MPa in tension and 42 MPa in shear for the material of 
shaft. Assume that the torque on one pulley is equal to that on the other pulley. 
 

Given Data: 
 

AB = 1 m; DC = 600 mm or RC = 300 mm = 0.3 m ; AC = 300 mm = 0.3 m ; T1 = 
2.25 kN = 2250 N ; DD = 400 mm or RD = 200 mm = 0.2 m ; BD = 200 mm = 0.2 
m ; θ = 180° = π rad ; μ = 0.24 ; σb = 63 MPa = 63 N/mm2 ; τ = 42 MPa = 42 N/mm2 



 

 
 



 
 

 
 
 



 

 



  
 

Problem 4 
 
A steel solid shaft transmitting 15 kW at 200 rpm. is supported on two bearings 
750 mm apart and has two gears keyed to it. The pinion having 30 teeth of 5 mm 
module is located 100 mm to the left of the right hand bearing and delivers 
power horizontally to the right. The gear having 100 teeth of 5 mm module is 
located 150 mm to the right of the left hand bearing and receives power in a 
vertical direction from below. Using an allowable stress of 54 MPa in shear, 
determine the diameter of the shaft. 
 
Given Data: 
 

P = 15 kW = 15 × 103 W ; N = 200 rpm. ; AB = 750 mm ; TD = 30 ; mD = 5 mm ; BD 
= 100 mm ; TC = 100 ; mC = 5 mm ; AC = 150 mm ; τ = 54 MPa = 54 N/mm2 

 

 
 



 

 

 
 

 
 
 
 



 
 

 



 
Problem 5 
 
Example 14.10. A shaft is supported on bearings A and B, 800 mm between 
centres. A 20° straight tooth spur gear having 600 mm pitch diameter, is located 
200 mm to the right of the left hand bearing A, and a 700 mm diameter pulley is 
mounted 250 mm towards the left of bearing B. The gear is driven by a pinion 
with a downward tangential force while the pulley drives a horizontal belt having 
180° angle of wrap. The pulley also serves as a flywheel and weighs 2000 N. The 
maximum belt tension is 3000 N and the tension ratio is 3 : 1. Determine the 
maximum bending moment and the necessary shaft diameter if the allowable 
shear stress of the material is 40 MPa. 
 
Given Data: 
 

AB = 800 mm ; αC = 20° ; DC = 600 mm or RC = 300 mm ; AC = 200 mm ; DD = 700 
mm or RD = 350 mm ; DB = 250 mm ; θ = 180° = π rad ; W = 2000 N ; T1 = 3000 N 
; T1/T2 = 3 ; τ = 40 MPa = 40 N/mm2 
 

 

 



 

 
 

 
 
 



 

 

 



 
 

Shafts Subjected to Fluctuating Loads 
 

o When the shafts are subjected to fluctuating torque and bending moments, 
the combined shock and fatigue factors must be taken into account for the 
computed twisting moment (T) and bending moment (M).  
 

o Thus, for a shaft subjected to combined bending and torsion, the equivalent 
twisting moment, 

           
 

and equivalent bending moment, 

            
 

Where, Km = Combined shock and fatigue factor for bending, and 
    Kt = Combined shock and fatigue factor for torsion. 

 

Recommended values for Km and Kt. 
 

 
 

Problem 6 
 

A mild steel shaft transmits 20 kW at 200 rpm. It carries a central load of 900 N and is simply 
supported between the bearings 2.5 metres apart. Determine the size of the shaft, if the 
allowable shear stress is 42 MPa and the maximum tensile or compressive stress is not to 
exceed 56 MPa. What size of the shaft will be required, if it is subjected to gradually applied 
loads? 
 

 
 



 
Given Data: 
 

P = 20 kW = 20 × 103 W ; N = 200 r.p.m. ; W = 900 N ; L = 2.5 m ; τ = 42 MPa = 
42 N/mm2 ; σb = 56 MPa = 56 N/mm2 

 

 

 
 

 



 
 

 

Design of Keys and Shaft Couplings 
 

Introduction 
 

• A shaft is a rotating machine element which is used to transmit power from 
one place to another.  

 

Introduction 

• A key is a piece of mild steel inserted between the shaft and hub (or) boss 
of the pulley to connect these together in order to prevent relative motion 
between them.  

•  

• It is always inserted parallel to the axis of the shaft.  
 

• Keys are used as temporary fastenings and are subjected to considerable 
         crushing and shearing stresses.  
 

• A keyway is a slot (or) recess in a shaft and hub of the pulley to 
accommodate a key. 
 

Types of Keys 
 

1. Sunk keys,  
2. Saddle keys,  



3. Tangent keys, 
4. Round keys, and 
5. Splines 

 

Sunk Keys 
 

The sunk keys are provided half in the keyway of the shaft and half in the 
keyway of the hub (or) boss of the pulley.  

 

1. Rectangular sunk key.  
 

 
 

Width of key, w = d / 4  and  
thickness of key, t = 2w / 3 = d / 6 
 

where d = Diameter of the shaft or diameter of the hole in the hub. 
 

The key has taper 1 in 100 on the top side only. 

 

2. Square sunk key 
 

The only difference between a rectangular sunk key and a square sunk key 
is that its width and thickness are equal. 
(i.e.) w = t = d / 4 
 

3. Parallel sunk key.  
 

The parallel sunk keys may be of rectangular (or) square section uniform 
in width and thickness throughout.  

 
4. Gib-head key.  

 

It is a rectangular sunk key with a head at one end known as gib head. 
 

 

Width, w = d / 4 ; and  
 



thickness at large end, t = 2w / 3 = d / 6 
 

5. Feather key. 
 

 A key attached to one member of a pair and which permits relative axial 
movement is known as feather key.  

 

 

6. Woodruff key.  
 

The woodruff key is a piece from a cylindrical disc having segmental cross-
section in front view. 

 

Saddle keys 
 

1. Flat saddle key, and  
 

2. Hollow saddle key. 
 

Tangent Keys 
 

o The tangent keys are fitted in pair at right angles.  

o Each key is to withstand torsion in one direction only.  

o These are used in large heavy duty shafts. 
 

Round Keys 
 

The round keys are circular in section and fit into holes drilled partly 
in the shaft and partly in the hub.  
 

Splines 
 

Keys are made integral with the shaft which fits in the keyways broached 
in the hub.  
 



Forces acting on a Sunk Key 
 

1. Compressive stresses in the key  
 

2. crushing) stresses in the key 
 

Shaft Coupling 
 

o Shafts are usually available up to 7 metres length due to inconvenience in 
transport.  
 

o In order to have a greater length, it becomes necessary to join two (or) 
more pieces of the shaft by means of a coupling. 

 

Purposes of the Shaft couplings  
 

1. To provide for the connection of shafts of units that are manufactured 
separately such as a motor and generator and to provide for 
disconnection for repairs or alternations. 

 

2. To provide for misalignment of the shafts or to introduce mechanical 
flexibility. 
 

3. To reduce the transmission of shock loads from one shaft to another. 
 

4. To introduce protection against overloads. 
 

5. It should have no projecting parts. 

 

 
 
 
 
 
Requirements of a Good Shaft Coupling 
 

1. It should be easy to connect or disconnect. 
 

2. It should transmit the full power from one shaft to the other shaft without 
losses. 
 

3. It should hold the shafts in perfect alignment. 
 

4. It should reduce the transmission of shock loads from one shaft to 
another shaft. 



 

5. It should have no projecting parts. 
 

Types of Shafts Couplings 
 

1. Rigid coupling.  
o It is used to connect two shafts which are perfectly aligned.  

(a) Sleeve or muff coupling 
(b) Clamp or split-muff or compression coupling, and 
(c) Flange coupling. 
 

2. Flexible coupling.  
o It is used to connect two shafts having both lateral and angular 

misalignment.  
(a) Bushed pin type coupling, 
(b) Universal coupling, and 
(c) Oldham coupling. 

 
Flange Coupling 
 

• A flange coupling usually applies to a coupling having two separate cast 
iron flanges.  
 

• Each flange is mounted on the shaft end and keyed to it.  
 

• The faces are turned up at right angle to the axis of the shaft 
 

• One of the flange has a projected portion and the other flange has a 
corresponding recess. 

 



 

 
The flange couplings are of the following three types: 
 

1. Unprotected type flange coupling.  
 

o In an unprotected type flange coupling, each shaft is keyed to the 
boss of a flange with a counter sunk key and the flanges are coupled 
together by means of bolts.  
 

o Generally, three, four or six bolts are used.  
 

o The keys are staggered at right angle along the circumference of 
the shafts in order to divide the weakening effect caused by 
keyways. 

 

• If d is the diameter of the shaft or inner diameter of the hub, then 
Outside diameter of hub 

D = 2 d 

Length of hub,               L = 1.5 d 
 

Pitch circle diameter of bolts,           D1 = 3d 
 

Outside diameter of flange, 



         D2 = 4 d 
 

Thickness of flange,             tf = 0.5 d 
 

Number of bolts = 3, for ‘d’ upto 40 mm 
       = 4, for ‘d’ upto 100 mm 
       = 6, for ‘d’ upto 180 mm 
 

2. Protected type flange coupling.  
 

In a protected type flange coupling, the protruding bolts and nuts are 
protected by flanges on the two halves of the coupling, in order to avoid 
danger to the workman. 

 

 

• The thickness of the protective circumferential flange (tp) = 0.25 d.  
 

 
 
 
 
 
 
 



 
Design of Flange Coupling 
 

 

 



 

 
 
Problem 1 

Design a cast iron protective type flange coupling to transmit 15 kW at 900 rpm 
from an electric motor to a compressor. The service factor may be assumed as 
1.35. The following permissible stresses may be used: Shear stress for shaft, bolt 
and key material = 40 MPa; Crushing stress for bolt and key = 80 MPa; Shear 
stress for cast iron = 8 MPa. 
 

Given Data 
 

P = 15 kW = 15 × 103 W; N = 900 rpm; Service factor = 1.35;  
τs = τb= τk = 40 MPa = 40 N/mm2;  
σcb = σck = 80 MPa = 80 N/mm2;  
τc = 8 MPa = 8 N/mm2 
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Design of Welded Joints 
 

Introduction 
 

• A welded joint is a permanent joint which is obtained by the fusion of the 
edges of the two parts to be joined together, with or without the 
application of pressure and a filler material.  
 

• The heat required for the fusion of the material may be obtained by burning 
of gas or by an electric.  

 
Advantages and Disadvantages of Welded Joints over Riveted Joints 
 

Advantages 
 

1. The welded structures are usually lighter than riveted structures. This is due to the reason, that in 

welding, gussets or other connecting components are not used. 
 

2. The welded joints provide maximum efficiency (may be 100%) which is not possible in 

     case of riveted joints. 
 

3. Alterations and additions can be easily made in the existing structures. 
 

4. As the welded structure is smooth in appearance, therefore it looks pleasing. 
 

5. In welded connections, the tension members are not weakened as in the case of riveted joints. 

 

6. A welded joint has a great strength. Often a welded joint has the strength of the parent 

      metal itself. 
 

7. Sometimes, the members are of such a shape (i.e. circular steel pipes) that they afford 

     difficulty for riveting. But they can be easily welded. 
 

8. The welding provides very rigid joints. This is in line with the modern trend of providing 

      rigid frames. 
 

9. It is possible to weld any part of a structure at any point. But riveting requires enough 

     clearance. 
 

10. The process of welding takes less time than the riveting. 

 

 
 
 
 
 



 
Disadvantages 
 

1. Since there is an uneven heating and cooling during fabrication, therefore the members 

may get distorted or additional stresses may develop. 
 

2. It requires a highly skilled labour and supervision. 
 

3. Since no provision is kept for expansion and contraction in the frame, therefore there is a 

possibility of cracks developing in it. 
 

4. The inspection of welding work is more difficult than riveting work. 

 

Welding Processes 
 

1. Welding processes that use heat alone (e.g.) fusion welding. 
 

2. Welding processes that use a combination of heat and pressure (e.g.) forge welding. 

 
 

Types of Welded Joints 
 

1. Lap joint or fillet joint, and  
 

2. Butt joint. 

 

 
 

Lap Joint 
 

o The lap joint or the fillet joint is obtained by overlapping the plates and then welding the edges of the 

plates.  
 

o The cross-section of the fillet is approximately triangular.  
 

o The fillet joints may be 
 

1. Single transverse fillet,  

2. Double transverse fillet, and  

3. Parallel fillet joints. 
 

Butt Joint 
 

o The butt joint is obtained by placing the plates edge to edge.  
 

o In butt welds, the plate edges do not require bevelling if the thickness of plate is less than 5 mm.  
 

o On the other hand, if the plate thickness is 5 mm to 12.5 mm, the edges should be bevelled to V or U-

groove on both sides. 

 



 
Elements of a Welding Symbol 
 

A welding symbol consists of the following eight elements: 
 

1. Reference line,  

2. Arrow, 

3. Basic weld symbols,  

4. Dimensions and other data, 

5. Supplementary symbols,  

6. Finish symbols, 

  7. Tail, and  

  8. Specification, process or other references. 

 

 
 

 
 

 

 



 

 

 
 

 

 
 

 
 
 



Note: 
 

If there is a combination of single transverse and double parallel fillet welds as 
shown in Fig. 10.8 (b), then the strength of the joint is given by the sum of 
strengths of single transverse and double parallel fillet welds. 

         
 

 
 

 



 

 
 

 
 

Problem 1 
 

A 50 mm diameter solid shaft is welded to a flat plate by 10 mm fillet weld as 
shown in Fig. 10.12. Find the maximum torque that the welded joint can sustain 
if the maximum shear stress intensity in the weld material is not to exceed 80 
MPa. 
 

Given Data: 
 

d = 50 mm; s = 10 mm; τmax = 80 MPa = 80 N/mm2 

 

 
 

 
 

 
 



 

 
 

 



 

 
 

 



 
 
Axially Loaded Unsymmetrical Welded Sections 
 

o Sometimes, the unsymmetrical sections such as angles, channels, T-
sections etc., welded on the flange edges are loaded axially.  

 

o In such cases, the lengths of weld should be proportioned in such a way 
that the sum of resisting moments of the welds about the gravity axis is 
zero.  

 



 

 

 

 



 

 



 

 

 



 

 

 
 
 
 



 
 

 
 

 



 

 

 

 

 



 
 

 

 

 
 



 
 

 
 

 

 



 

 

 

 
 
 
 
 
 
 



 
Design of Riveted Joints 

 

Introduction 
 

• A rivet is a short cylindrical bar with a head integral to it.  
 

• The cylindrical portion of the rivet is called shank or body and lower 
portion of shank is known as tail.  

 

• The rivets are used to make permanent fastening between the plates such 
as in structural work, ship building, bridges, tanks and boiler shells. The 
riveted joints are widely used for joining light metals. 

 

• The fastenings (i.e.) joints may be classified into the following two groups: 
 

1. Permanent fastenings, and 

2. Temporary or detachable fastenings. 
 

Material of Rivets 
 

i. Low carbon steel (or) nickel steel  
ii. brass,  

iii. aluminium (or) copper 
 

Types of Riveted Joints 
 

1. Lap joint, and  

2. Butt joint. 
 

Lap Joint 
 

A lap joint is that in which one plate overlaps the other and the two plates are 
then riveted together. 
 

Butt Joint 
 

A butt joint is that in which the main plates are kept in alignment butting (i.e.) 
touching each other and a cover plate (i.e.) strap is placed either on one side or 
on both sides of the main plates. The cover plate is then riveted together with 
the main plates.  



 
Butt joints are of the following two types: 
 

1. Single strap butt joint, and  
 

2. Double strap butt joint. 
 

In a single strap butt joint, the edges of the main plates butt against each other 
and only one cover plate is placed on one side of the main plates and then 
riveted together. 
 

 
 

In a double strap butt joint, the edges of the main plates butt against each other 
and two cover plates are placed on both sides of the main plates and then 
riveted together. 
 

In addition to the above, following are the types of riveted joints depending 
upon the number of rows of the rivets. 
 

1. Single riveted joint, and  

2. Double riveted joint. 
 

A single riveted joint is that in which there is a single row of rivets in a lap joint 
as shown in Figure and there is a single row of rivets on each side in a butt joint 
as shown in Figure. 
 

A double riveted joint is that in which there are two rows of rivets in a lap joint 
as shown in Figure and there are two rows of rivets on each side in a butt joint 
as shown in Figure. 
 

Similarly, the joints may be triple riveted or quadruple riveted. 

 



When the rivets in the various rows are opposite to each other, as shown in Fig. 9.6 (b), then the joint 

is said to be chain riveted. On the other hand, if the rivets in the adjacent rows are staggered in such a way that every rivet is 

in the middle of the two rivets of the opposite row as shown in Fig. 9.6 (c), then the joint is said to 

be zig-zag riveted. 

 

 

 

 



 

           

 

9.10 Important Terms Used in Riveted Joints 
 

The following terms in connection with the riveted joints are important from the 
subject point of view: 
 

1. Pitch. It is the distance from the centre of one rivet to the centre of the next  
                rivet measured parallel to the seam. It is usually denoted by p. 
 

2. Back pitch. It is the perpendicular distance between the centre lines of the  
                          successive rows. It is usually denoted by pb. 
 

3. Diagonal pitch. It is the distance between the centres of the rivets in adjacent  
                                 rows of zig-zag riveted joint. It is usually denoted by pd. 
 

4. Margin or marginal pitch. It is the distance between the centre of rivet hole  
                                                     to the nearest edge of the plate. It is usually  
                                                    denoted by m. 

 



 

 

 

 

 



 

 

 



 

 

 

 



 

 

 

 

 



 

 

 

 



 

 

Design of Cotter Joints 
 

Introduction 
 

• A cotter is a flat wedge shaped piece of rectangular cross-section and its 
width is tapered (either on one side or both sides) from one end to another 
for an easy adjustment. 
 

• The taper varies from 1 in 48 to 1 in 24 and it may be increased up to 1 in 
8, if a locking device is provided.  
 

• The locking device may be a taper pin or a set screw used on the lower end 
of the cotter.  

 

• The cotter is usually made of mild steel or wrought iron.  
 

• It is usually used in connecting a piston rod to the crosshead of a 
reciprocating steam engine, a piston rod and its extension as a tail or pump 
rod, strap end of connecting rod etc. 

 

Types of Cotter Joints 
 
There are three commonly used cotter joints to connect two rods by a cotter: 
 

1. Socket and spigot cotter joint,  
2. Sleeve and cotter joint, and  
3. Gib and cotter joint. 

 

 

 



 

Socket and Spigot Cotter Joint 

• In a socket and spigot cotter joint, one end of the rods is provided with a 
socket type of end and the other end of the other rod is inserted into a 
socket.  
 

• The end of the rod which goes into a socket is also called spigot.  
 

• A rectangular hole is made in the socket and spigot.  
 

• A cotter is then driven tightly through a hole in order to make the 
temporary connection between the two rods.  

 

• The load is usually acting axially, but it changes its direction and hence the 
cotter joint must be designed to carry both the tensile and compressive 
loads.  

 

• The compressive load is taken up by the collar on the spigot. 

 

 



 

 

 

 

 



 

 

 



 

 

 



 

 

 



 

 

 

 

 



 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



 

Design of Knuckle Joints 
 

Introduction 
 

• A knuckle joint is used to connect two rods which are under the action of 
tensile loads. 
 

• However, if the joint is guided, the rods may support a compressive load.  
 

• A knuckle joint may be readily disconnected for adjustments or repairs.  
 

• Its use may be found in the link of a cycle chain, tie rod joint for roof truss, 
valve rod joint with eccentric rod, pump rod joint, tension link in bridge 
structure and lever and rod connections of various types. 

 

 



 

 



 

 



 

 

 

 



 

 

 

 

 

 

 



 

UNIT V 

 

Internal combustion Engines (IC Engines) 

 

IC Engines: 

• The Internal combustion engines are the engines in which the combustion of fuel 

takes place inside the engine cylinder. 
 

• The IC engines use either petrol (or) diesel as the fuel. 
 

• In Petrol engines (Spark ignition engine (or) SI engines), the correct proportion of 

air and petrol is mixed in the carburettor and fed into the engine cylinder, where it 

is ignited by means of a spark produced at the spark plug. 
 

• Whereas in diesel engines (Compression ignition engine (or) CI engines), the only 

air is supplied to the engine cylinder during suction stroke and it is compresses to 

a very high pressure, thereby raising its temperature from 600oC to 1000oC. 
 

• Also, the desired quantity of fuel (diesel) is injected into the engine cylinder in the 

form of a very fine spray and gets ignited when comes in contact with the hot air.  
 

• The operating cycle of an IC engine may be either by two stroke (or) four stroke 

of the piston. 
 

Sl. 

No. 
Two Stroke Engine Four Stroke Engine 

1 
One complete revolution of the 

crankshaft to complete the cycle 

Two complete revolutions of the 

crankshaft to complete the cycle 

2 

Two stroke petrol engines are 

employed in very light vehicles. 

(Ex.) Scooters, motor cycles and 

three wheelers 

Four stroke petrol engines are 

employed in light vehicles  

(Ex.) Cars, jeeps and aeroplanes. 

3 

Two stroke diesel engines are 

employed in marine propulsion. 

(Ex.) Marine engines 

Four stroke diesel engines are 

employed in heavy duty vehicles  

(Ex.) Buses, trucks, tractors, diesel 

locomotive and earth moving 

machinery. 

 

 



 

Design of Engine Components 

• IC engine performs the function of converting heat energy into mechanical energy 
 

• Thus, the parts are subjected to thermal as well as mechanical loading. 
 

 

IC Engine Parts 

1. Cylinder and cylinder liner 

2. Piston, piston rings and piston pin (or) gudgeon pin 

3. Connecting rod with small and big end bearing 

4. Crank and crankshaft consisting of crank pin, crank web and shaft 

5. Valve gear mechanism 

 

Internal Combustion Engine Parts 

 

 

 



 

Cylinder and Cylinder Liner 

• The function of a cylinder is to retain the working fluid and to guide the piston. 
 

• The cylinders are usually made of cast iron (or) cast steel. 
 

• Cylinder has to withstand high temperature due to the combustion of fuel. 

Therefore, some arrangement must be provided to cool the cylinder. 
 

• In single cylinder engines viz., scooters and motor cycles are air cooled by 

providing the fins around the cylinder. 
 

• Whereas, in multi-cylinder engines viz., cars are cooled with water jackets around 

the cylinders. 
 

• The cylinders are provided with cylinder liners so that in case of wear, they can 

easily be replaced. 

 

• The cylinder liners are made from good quality close grained cast iron (i.e. pearlitic 

cast iron), nickel cast iron, nickel chromium cast iron, nickel chromium cast steel 

with molybdenum. 

 

• The inner surface of the liner should be properly heat-treated in order to obtain a 

hard surface to reduce wear. 

 

•  The cylinder liners are made of two types: 

 

Sl. 

No. 
Dry Liner Wet Liner 

1 

It does not have any direct contact 

with the engine with the engine 

cooling water. 

The cylinder liner which have its 

outer surface in direct contact with 

the engine cooling water. 

2 

 

 

 

 

 

Design of a Cylinder 

No Contact between cylinder 

walls and water jackets 

There is a Contact between 

cylinder walls and water jackets 



 

 

 

 

 

 

 

 

 

 

 

 

1. Thickness of the Cylinder wall 
 

• The cylinder wall is subjected to gas pressure and the piston side thrust. 
 

• The gas pressure produces the two types of stresses: 

(a) Longitudinal stress and 

(b) Circumferential stress (or) Hoop stress 

• The resultant stress is reduced in each direction due to these two stresses act at 

right angles to each other. 
 

• The  piston side thrust tends to bend the cylinder wall. 
 

• But, the stress in the wall due to side thrust is very small and hence it may be 

neglected. 

From the above figures, 

Consider, 

D     -   Inside diameter of the cylinder (mm) 

Do      -   Outside diameter of the cylinder (mm) 

p       -   Maximum pressure inside the engine cylinder (N/mm2) 

t       -   Thickness of the cylinder wall (mm) 

1/m   -   Poisson’s ratio (µ = 0.25) 

l        -   Length of the engine cylinder (mm)  

 

 

The apparent longitudinal stress is given by 

D 
D 

Do 
Do 

   t pmax 

pmax 



 

  𝒍 =
𝐅𝐨𝐫𝐜𝐞 𝐚𝐩𝐩𝐥𝐢𝐞𝐝 𝐨𝐧 𝐭𝐡𝐞 𝐜𝐲𝐥𝐢𝐧𝐝𝐞𝐫 𝐰𝐚𝐥𝐥𝐬

𝐂𝐫𝐨𝐬𝐬−𝐬𝐞𝐜𝐭𝐢𝐨𝐧𝐚𝐥 𝐚𝐫𝐞𝐚 𝐨𝐟 𝐭𝐡𝐞 𝐜𝐲𝐥𝐢𝐧𝐝𝐞𝐫
 

       =


𝟒
 𝐱 𝐃𝟐𝐱 𝐩



𝟒
[(𝐃𝐨

𝟐)−𝐃𝟐]
   

                     𝒍 =
𝐩 𝐱 𝐃𝟐

(𝐃𝐨
𝟐)−𝐃𝟐

        (1) 

 

and the apparent circumferential stress (or) Hoop stress is given by 

                      𝐜 =
𝐅𝐨𝐫𝐜𝐞 𝐚𝐩𝐩𝐥𝐢𝐞𝐝 𝐨𝐧 𝐭𝐡𝐞 𝐜𝐲𝐥𝐢𝐧𝐝𝐞𝐫 𝐰𝐚𝐥𝐥𝐬

𝐂𝐫𝐨𝐬𝐬−𝐬𝐞𝐜𝐭𝐢𝐨𝐧𝐚𝐥 𝐚𝐫𝐞𝐚 𝐨𝐟 𝐭𝐡𝐞 𝐜𝐲𝐥𝐢𝐧𝐝𝐞𝐫
 

                           =
 𝐃 𝐱 𝒍 𝐱 𝐩

𝟐𝐭 𝐱 𝒍
   

                      𝐜 =
𝐩 𝐱 𝐃

𝟐𝐭
         (2) 

Therefore, 

Net Longitudinal stress, (
𝑙
)net = [

𝒍
− (

𝐜

𝐦
)]      (3) 

Net Circumferential stress, (
c
)net = [

𝐜
− (

𝒍

𝐦
)]     (4) 

The thickness of a cylinder wall is given by 

                    𝐭 = [
(𝐩 𝐱 𝐃)

𝟐𝐜
] + 𝐂         (5) 

Where,  

D   -   Inside diameter of the cylinder (mm) 

p    -   Maximum pressure inside the engine cylinder (N/mm2) 

c  -   Permissible Hoop stress in the cylinder material (N/mm2) 

C   -   Allowance for reboring (mm) 

 

• The allowance for reboring (C) depending upon the cylinder bore (D) for IC 

engines is given in the following table: 

D (mm) 75 100 150 200 250 300 350 400 450 500 

C (mm) 1.5 2.4 4.0 6.5 8.0 9.5 11.0 12.5 12.5 12.5 

 

• The thickness of the cylinder wall usually varies from 4.5 mm to 25 mm (or) more 

depending upon the size of th engine cylinder. 

 

• The thickness of the cylinder wall (t) may be obtained from the following empirical 

relation, 



 

                                      t = (0.045 x D) + 1.6 mm    (6) 

• And, the other empirical relations are: 

• Thickness of the dry liner,      (tD) = (0.03 x D) to (0.035 x D)   

• Thickness of the jacket wall, (tw)  = (0.032 x D) + 1.6 mm  (7) 

                                                                                (or) 

                                                               = (t/3) for biggest cylinders, and 

                                                               = (3t/4) for smaller cylinders 

Water space between the outer cylinder wall and inner jacket wall, 

               = (0.08 x D) + 6.5 mm   (8) 

                                                             (or) 

                                                    = 10 mm for 75 mm cylinder and 

                                                       75 mm for 750 mm cylinder 

 

2. Bore and Length of the Cylinder 
 

The bore (i.e. inner diameter ) and length of the engine cylinder may be determined as 

discussed below: 

Consider,  

D   -   Cylinder bore (or) Inside diameter of the cylinder (mm) 

pm   -   Indicated mean effective pressure (N/mm2) 

A  -   Cross-sectional area of the cylinder (mm2), 


𝟒
𝑫𝟐 

c  -   Permissible Hoop stress in the cylinder material (N/mm2) 

l    -   Length of the stroke (mm) 

N   -   Speed of the engine (rpm) 

n    -   Number of working strokes per mm 

     =   N, for two stroke engine 

     =   N/2, for four stroke egine 

 

 

We know that, 

• The indicated power (or) power produced inside the engine cylinder, 



 

   𝑰𝑷 =
(𝒑𝒎 𝒙 𝒍 𝒙 𝑨 𝒙 𝒏)

𝟔𝟎
 𝑾𝒂𝒕𝒕𝒔   (9) 

 From the above equation, Cylinder bore (D) and length of stroke (l) are    

determined. 

• Also, consider the length of stroke, (l) = 1.25 D to 2 D 
 

• Total length of the cylinder, L = (1.15 x l)      
 

 

 

 

 

 

 

 

 

 

Note: 

1. If the power developed at the crankshaft, brake power (BP) and the mechanical 

efficiency (m) of the engine are known, then  
 

Indicated power of the engine,  𝑰𝑷 =  
𝑩𝑷

𝒎

        (10) 

 

Where, Brake power, 𝑩𝑷 =
(𝟐 𝒙  𝒙 𝑵 𝒙 𝑻)

𝟔𝟎
    (11) 

 

2. The maximum gas pressure (p) may be taken as 9 to 10 times the mean effective 

pressure (pm) 

      (i.e.)     p = (9 to 10) * pm 

 

 

 

 

3. Cylinder flange and studs           Top Portion 
 

D 

TDC 

BDC 

Stroke = l Total length = L 

D 



 

• The cylinders are attached to the crankcase by                                      means of a 

flange with studs (or) bolts and nuts. 
 

• The cylinder flange is integral with the cylinder                                        and it 

should be thicker than the cylinder wall. 
 

• The flange thickness should be considered as (1.2*t) to (1.4*t) 

        Where, t – thickness of the cylinder wall 

We know that, 

Gas load due to the maximum    =     Resisting force offered by all studs 

pressure in the cylinder                      (or) bolts 

                                       (


𝟒
 𝐱 𝐃𝟐 𝐱 𝐩) =  (𝐧𝐬 𝐱 



𝟒
 𝐱 𝐝𝐜

𝟐 𝐱 𝐭)  (12) 

Where 

D   -   Cylinder bore (or) Inside diameter of the cylinder (mm) 

p    -   Maximum gas pressure (N/mm2) 

ns   -   Number of studs (mm) 

In general,  

ns   -   [(0.01*D) + 4] to [(0.02*D)+4] 

dc   -   Core (or) minor diameter (mm),  

         (i.e.) diameter at the root of the thread, (0.84 * d)  

d   -   Major (or) nominal diameter of the stud (mm), (0.75*tf) to tf 

More cases, more than 16 mm diameter of stud (or) bolt is used 

t   -   Permissible tensile stress for the studs (or) bolt material (MPa) 

      -   It may be considered as 35 MPa to 70 MPa 

 Distance of the flange from the centre of the hole for the stud (or) bolt 

- Not less than (d +6) mm and 

- Not more than (1.5*d) 

 

 

4. Cylinder head            
 

t 



 

• The separate cylinder head (or) cover [(i.e.) box type] is provided for air and gas 

passage, inlet and exhast valves, spark plug (petrol engines) and atomiser (diesel 

engines) in most of IC engines. 
 

• The thickness of the cylinder head (th), 

    𝒕𝒉 = 𝑫 √
(𝑪∗𝒑)

𝒄
                                      (13) 

Where 

D   -   Cylinder bore (or) Inside diameter of the cylinder (mm) 

p    -   Maximum gas pressure inside the cylinder (N/mm2) 

t   -   Allowable circumferential (or) hoop stress (MPa) 

      -   It may be considered as 30 MPa to 100 MPa 

C   -   Constant, in general it may be 0.1 

For leak proof joint, 

The pitch of the studs (or) bolts = (19*d) to (28.5*d) mm (or) (D+3d) mm 

 

 

 

Problems on Engine Cylinder 

 



 

1. A four stroke diesel engine has the following specifications:  

Brake power = 5 kW 

Speed = 1200 rpm 

Indicated mean effective pressure = 0.35 N/mm2 

Mechanical efficiency = 80 % 

Determine: 

a) Bore and Length of the cylinder 

b) Thickness of the Cylinder head and 

c) Size of Studs for the Cylinder head 

 

Given data: 

                               Brake power, BP = 5 kW  

                                                           = 5 x 103 watts 

                                           Speed, N = 1200 rpm 

Number of working strokes per mm,       

                                                        n = N/2  (for four stroke engine) 

                                  = (1200/2) 

                                    n = 600 

      Indicated mean effective pressure, pm = 0.35 N/mm2 

                Mechanical efficiency, m = 80 %  

                                                           = 0.8 

To Find: 

a) Bore diameter (D) =? and  

Length of the cylinder (L) =? 

b) Thickness of the cylinder head (th) =? and 

c) Size of studs for the cylinder head d =? 

 

 

Solution: 

a) Bore and Length of the cylinder  

We know that,  



 

Indicated power of the engine,  𝑰𝑷 =  
𝑩𝑷

𝒎

      

    

        =   
5 𝑥 103

0.8
 

                                                      

      IP   = 6.25 x 103 Watts 

 

         Assume, Length of stroke in m, l = (1.5 * D) x 10-3         

                                                                    (from l = 1.25 D to 2 D) 

Cross-sectional area of the cylinder in mm2,  

                                                   A =  


𝟒
𝑫𝟐   

Number of working strokes per mm,       

                                                 n = 600 

Also we know that,  

                             Indicated power,  𝑰𝑷 =
(𝒑𝒎 𝒙 𝒍 𝒙 𝑨 𝒙 𝒏)

𝟔𝟎
 𝑾𝒂𝒕𝒕𝒔 

                                           𝟔. 𝟐𝟓 𝒙 𝟏𝟎𝟑 =  
(𝟎.𝟑𝟓 𝒙 𝟏.𝟓𝑫 𝒙 𝟏𝟎−𝟑 𝒙 (



𝟒
)𝑫𝟐𝒙 𝟔𝟎𝟎 

𝟔𝟎
 

                                                      D3 = 1.517 x 106 = 114.902 mm 

                                                       D = 115 mm 

 

              Length of the Stroke, l = (1.5 * D) 

      = (1.5 * 115) 

                                               l = 172.5 mm 

Consider both side clearance of the cylinder is 15 % of the stroke 

Therefore,  

   Total length of the cylinder, L = (1.15 * 172.5) = 198.38 mm 

                                              L = 200 mm  

 

b) Thickness of the Cylinder head 

We know that,  

The maximum gas pressure (p) may be taken as 9 to 10 times the mean effective 

pressure (pm) 
 



 

Therefore, Assume  

       p = (9 * pm) 
 

      = (9 * 0.35) 
 

            p = 3.15 N/mm2 

 

We know that, the thickness of the cylinder head, 

𝑡ℎ = 𝐷 √
(𝐶∗𝑝)

𝑐
            

Consider, C = 0.1 and c = 42 N/mm2 , then   

       

      = 115 𝑥 √
(0.1 𝑥 3.15)

42
  = 9.959 

                                                th = 10 mm 

                         

c) Size of studs for the Cylinder head 

We know that, the force acting on the cylinder head (or) on the studs, 

             =


4
 𝑥 𝐷2 𝑥 𝑝 

            =


4
 𝑥 1152 𝑥 3.15  

            = 32.702 x 103 N               Eqn. (1) 

The number of studs lies between [(0.01*D) + 4] and [(0.02*D)+4] 

(i.e.)                                     ns = [(0.01*115)+4] and [(0.02*115)+4] 

        ns = 5.15 and 6.3 

Therefore,       ns = 6 (Assume) 

 

We know that, the resisting force offered by all the studs, 

             = 𝑛𝑠 𝑥 


4
 𝑥 𝑑𝑐

2 𝑥 𝑡 

        

 Assume, dc = 0.84 mm and t = 65 N/mm2 

 

                                                  = 6 𝑥 


4
 𝑥 (0.84 𝑥 𝑑)2 𝑥 65 

          = 216.02 x d2 N                  Eqn. (2) 

Equating equations (1) and (2), then we get,  



 

 

    32.702 x 103 = 216.02 x d2 

                     d2 = 151.385 

                      d = 12.3 mm  

                      d = 15 mm 

 

Pitch circle diameter of the studs, 

                                                Dp = D + 3d  

                                                     = 115 + (3 x 15)  

                                                Dp = 160 mm 

 

Pitch of the studs = 
( 𝑥 𝐷𝑝)

𝑛𝑠
  

                            = 
( 𝑥 160)

6
  

                  Pitch of the studs = 83.73 mm 

For Leak proof joint, the pitch of the studs should lie between 19√𝑑 to 28.5√𝑑 

                    Pitch of the studs = 19 x √15  to 28.5 x √15  

                                                 = 73.59 mm to 110.38 mm 

 

The calculated pitch of the studs lies in between 73.59 mm to 110.38 mm.  

Therefore, the size of the studs is satisfactory. 

 

 

 

 

 

2. A four stroke internal combustion engine has the following specifications:  

Brake power = 7.5 kW 

Speed = 1000 rpm 

Indicated mean effective pressure = 0.35 N/mm2 

Maximum gas pressure = 3.5 N/mm2 



 

Mechanical efficiency = 80 % 

Determine: 

a) The dimensions of the cylinder, if the length of stroke is 1.4 times the bore 

of the cylinder 

b) Wall thickness of the cylinder, if the hoop stress is 35 N/mm2 

c) Thickness of the Cylinder head and size of studs when the permissible 

stresses for the cylinder head and stud materials are 45 MPa and 65 MPa 

respectively. 

 

Given data: 

                               Brake power, BP = 7.5 kW  

                                                          = 7.5 x 103 watts 

                                           Speed, N = 1000 rpm 

Number of working strokes per mm,       

                                                       n = N/2  (for four stroke engine) 

                                   = (1000/2) 

                                     n = 500 

Indicated mean effective pressure, pm = 0.35 N/mm2 

 

                  Maximum gas pressure, p = 3.5 N/mm2 
 

                 Mechanical efficiency, m = 80 %  

                                                            = 0.8 
 

                 Length of stroke, l  = (1.4 * D) 

          Hoop stress of the cylinder wall, c = 35 N/mm2 

 Permissible stresses for the cylinder head = 45 N/mm2  

 Permissible stresses for the stud materials = 65 N/mm2 

 

 

To Find: 

a) Dimensions of the cylinder, (D = ? and L = ?)  

b) Wall thickness of the cylinder, (t = ?) 

c) Thickness of the cylinder head (th =?) and size of studs (d =?) 



 

Solution: 

a) Bore and Length of the cylinder  

We know that,  

Indicated power of the engine,  𝑰𝑷 =  
𝑩𝑷

𝒎

      

    

        =   
7.5 𝑥 103

0.8
 

                                                      

      IP   = 9.375 x 103 Watts 

 

         Assume, Length of stroke in m, l = (1.4 * D) x 10-3               (given) 

Cross-sectional area of the cylinder in mm2,  

                                                   A =  


𝟒
𝑫𝟐   

Number of working strokes per mm,       

                                                 n = 500 

Also we know that,  

                             Indicated power,  𝑰𝑷 =
(𝒑𝒎 𝒙 𝒍 𝒙 𝑨 𝒙 𝒏)

𝟔𝟎
 𝑾𝒂𝒕𝒕𝒔 

                                           𝟗. 𝟑𝟕𝟓 𝒙 𝟏𝟎𝟑 =  
(𝟎.𝟑𝟓 𝒙 𝟏.𝟒𝑫 𝒙 𝟏𝟎−𝟑 𝒙 (



𝟒
)𝑫𝟐𝒙 𝟓𝟎𝟎 

𝟔𝟎
 

                                                      D3 = 2.925 x 106 = 143.009 mm 

                                                       D = 145 mm 

 

              Length of the Stroke, l = (1.5 * D) 

      = (1.4 * 145) 

                                               l = 203 mm 

Consider both side clearance of the cylinder is 15 % of the stroke 

Therefore,  

  

Total length of the cylinder, L = (1.15 * 203) = 233.45 mm 

                                              L = 235 mm  
 

b) Wall thickness of the cylinder  



 

We know that,  

   Maximum pressure in the engine cylinder 

                                                       p = 3.5 N/mm2 

   Hoop stress of the cylinder wall, c = 35 N/mm2 

                Allowance for reboring,  C = 4               

                    (C= 4 is considered for D = 145 mm) 

The thickness of a cylinder wall is given by 

                                                           𝐭 = [
(𝐩 𝐱 𝐃)

𝟐𝐜
] + 𝐂   

      = [ 
(3.5 𝑥 145)

(2 𝑥 35)
+  4]  = 11.25 

                                                        t = 12 mm 

 

We know that,  

Outside diameter of the cylinder, Do = D +2t 

                                                           = 145 + (2 x 12) = 169 

                                                      Do = 170 mm 

 

The apparent longitudinal stress is given by  

                                                        𝒍 =
𝐩 𝐱 𝐃𝟐

(𝐃𝐨
𝟐)−𝐃𝟐

   

                                          =
𝟑.𝟓 𝐱 𝟏𝟒𝟓𝟐

𝟏𝟕𝟎𝟐−𝟏𝟒𝟓𝟐
   

             l  = 9.344 N/mm2 
 

 

The apparent circumferential stress (or) Hoop stress is given by 

                                                     𝐜 =
𝐩 𝐱 𝐃

𝟐𝐭
   

                                                          =
𝟑.𝟓 𝐱 𝟏𝟒𝟓

(𝟐 𝐱 𝟏𝟐)
   

                                                      c  = 21.146 N/mm2  < 35 N/mm2  

 

 

Assume, (1/m) = µ = 0.25 

Therefore, 



 

     Net Longitudinal stress, (
l
)net = [

𝒍
− (

𝐜

𝐦
)]     

                                                           = [9.344 – (0.25 x 21.146)]  = 4.0575  

                      (l)net = 4.058 N/mm2 

 

Net Circumferential stress, (
c
)net = [

𝐜
− (

𝒍

𝐦
)]       

                                                           = [21.146 – (0.25 x 9.344)]  = 18.81  

                      (c)net = 18.81 N/mm2 

 

       Thickness of the dry liner, tD = (0.03 x D) to (0.035 x D)  

                                                      = (0.03*145) to (0.035*145) 

                                                      = 4.35 mm to 5.075 mm            

       Thickness of the dry liner, tD = 5 mm 

 
  Thickness of the jacket wall, tw  = (0.032 x D) + 1.6 mm  

                                                      = (0.032*145) + 1.6 

   Thickness of the jacket wall, tw = 6.25 mm  

 

Water space between the outer cylinder wall and inner jacket wall, 

               = (0.08 x D) + 6.5 mm    

                                                     = (0.08*145) + 6.5 

Water space between the outer cylinder  

wall and inner jacket wall,           = 18.1 mm 

 

c) Thickness of the Cylinder head 

The maximum gas pressure (p) is 10 times the mean effective pressure (pm) 
 

            p = 3.5 N/mm2                    (Given) 

 

We know that, the thickness of the cylinder head, 

𝑡ℎ = 𝐷 √
(𝐶∗𝑝)

𝑐
            



 

Consider, C = 0.1 and c = 42 N/mm2 , then   

       

      = 145 𝑥 √
(0.1 𝑥 3.5)

45
  = 12.79 

                                                th = 13 mm 

                         

Size of studs for the Cylinder head 

We know that, the force acting on the cylinder head (or) on the studs, 

             =


4
 𝑥 𝐷2 𝑥 𝑝 

            =


4
 𝑥 1452 𝑥 3.5  

            = 57.766 x 103 N               Eqn. (1) 

The number of studs lies between [(0.01*D) + 4] and [(0.02*D)+4] 

(i.e.)                                     ns = [(0.01*145)+4] and [(0.02*145)+4] 

        ns = 5.45 and 6.9 

Therefore,       ns = 6 (Assume) 

 

We know that, the resisting force offered by all the studs, 

             = 𝑛𝑠 𝑥 


4
 𝑥 𝑑𝑐

2 𝑥 𝑡 

        Assume, dc = 0.84 mm and t = 65 N/mm2 

 

                                                  = 6 𝑥 


4
 𝑥 (0.84 𝑥 𝑑)2 𝑥 65 

          = 216.02 x d2 N                  Eqn. (2) 

Equating equations (1) and (2), then we get,  

 

    57.766 x 103 = 216.02 x d2 

                     d2 = 267.41 

                      d = 16.35 mm  

                      d = 18 mm 

 

Pitch circle diameter of the studs, 

                                                Dp = D + 3d  



 

                                                     = 145 + (3 x 18)  

                                                Dp = 200 mm 

 

Pitch of the studs = 
( 𝑥 𝐷𝑝)

𝑛𝑠
  

                            = 
( 𝑥 200)

6
  

                  Pitch of the studs = 104.67 mm 

For Leak proof joint, the pitch of the studs should lie between 19√𝑑 to 28.5√𝑑 

                    Pitch of the studs = 19 x √18  to 28.5 x √18  

                                                 = 80.61 mm to 120.92 mm 

 

The calculated pitch of the studs lies in between 80.61 mm to 120.92 mm.  

Therefore, the size of the studs is satisfactory. 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 



 

 

Design of Piston for IC Engines 
 

 

Piston: 

• The piston is a reciprocating part of IC engines that perform a number 

of functions. 
 

• 

▪ 

▪ 

 

▪ 

 

▪ 

 

▪ 

 

 

 

 

 

• It is the top portion of the piston which withstands the gas 

pressure inside the cylinder. 

• It has flat, concave (or) convex shape depending upon the 

construction of combustion chamber. 

 

 

• It acts as seal and prevents the leakage of gas past the piston. 

• These piston rings are also called compression rings. 
 

• It prevents the leakage of lubricating oil past the piston into the 
combustion chamber. 

 

It dissipates large amount of heat from the combustion chamber to the 

It takes the side thrust resulting from obliquity of the connecting rod 

It seals the inside portion of the cylinder from the crankcase by means 

It compresses the gas during the compression stroke 

It transmits the force due to the gas pressure inside the cylinder to the 

The main functions of the piston are listed below: 

crankshaft through the connecting rod 

of piston rings 

cylinder wall 

Parts of the Piston 

(i) Piston Head (or) Crown 

(ii) Piston Rings 

(iii)Oil Scraper Rings 



 

          

• It is the lower part of the piston below the piston rings which acts 
as bearing surface for the side thrust exerted by the connecting rod. 

 
 

• It connects the piston to the connecting rod. 

• It is also called gudgeon pin (or) wrist pin. 
 

 

 
 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
 

 

 

 

 

 

 

 

 

of fuel and also the inertia forces due to reciprocating parts. 

reciprocating motion. 

combustion chamber to the crankcase past the piston. 

chamber past the piston. 

undue wear. 

small end of the connecting rod. 

mechanical distortions. 

(v) Piston Pin 

Design requirements for the Piston 

• It should have sufficient strength to withstand the force due to combustion 

• It should have minimum weight to reduce the inertia forces due to 

• It should form an efficient seal to prevent leakage of flue gases from 

• It should also prevent leakage of lubricating oil into the combustion 

• It should have sufficient bearing area to take the side thrust and prevent 

• It should provide adequate support for the piston pin, which connects the 

• It should have sufficient rigid construction to withstand thermal and 

• It should have high speed reciprocation without noise. 

• It should disperse the heat of combustion quickly to the cylinder walls. 



 

 

Piston Materials 
 
 

The most commonly used materials for pistons of IC engines are, 

▪ Cast iron 

▪ Cast aluminium 

▪ Forged aluminium 

▪ Cast steel and 

▪ Forged steel 

 

Differences between Aluminium alloy piston and Cast iron piston 
 

Sl. 

No. 

Aluminium alloy 

piston 

Cast iron 

piston 

 
1 

It is used for highly rated engines with 

high piston speeds. 

It is used for moderately rated engines 

with piston speeds below 6 m/s. 

 

 

 

2 

Greater clearance should be provided 

between the piston and the cylinder 

walls 

(i) Excessive clearance – piston slap 

will be occurred 

(ii) Less clearance – seizing of piston 

will be occurred 

 

 

 

Minimum clearance is required 

 

 

 

3 

Due to high thermal conductivity, 

these pistons ensure high rate of heat 

transfer. 

(i) Temperature at the centre of piston 

head, (TC) -- 260oC to 290oC 

(ii) Temperature at the edges of piston 

head, (TE) -- 185oC to 215oC 

 

Due to less thermal conductivity, 

Compared to aluminium alloy piston, 

(i)Temperature at the centre of piston 

head, (TC) -- 425oC to 450oC 

(ii)Temperature at the edges of piston 

head, (TE) -- 200oC to 225oC 

 

4 

Above 325oC, mechanical strength is 

reduced by 50%, whereas at low 

temperatures, it has good mechanical 

strength. 

 

It has sufficient mechanical strength. 



 

 

Note: 

 

Sl. No. Properties Aluminium Cast iron 

1 
Coefficient of thermal 
expansion (m/oC) 

0.24 x 10-6 0.1 x 10-6 

2 
Thermal conductivity 
(W/ m/oC) 

174.75 46.6 

3 Density (kg/m3) 2700 7200 
 

 

 

 

 

The following two main points are to be considered in designing of the piston 

head (or) crown of IC engines. 

• It should have adequate strength to withstand the straining action due 

to pressure of explosion inside the engine cylinder, and 

• It should dissipate the heat of combustion to the cylinder walls as quickly 

as possible. 

Piston for IC Engines (Trunk type) 

(a) Piston head (or) Crown 



 

(i) On the basis of strength criterion (i.e.) due to straining action, the piston 

head is determined by treating it as a flat circular plate of uniform 

thickness, fixed at the outer edges and subjected to uniformly distributed 

load (UDL) due to the gas pressure over the entire surface area. 

According to Grashoff’s formula, the thickness of the piston head (tH) is given 

by, 

 
 

 

 

Where 

𝑡𝐻 = √
(3* 𝑝* 𝐷2) 

16* 𝑡 

in mm (1) 

p = Maximum gas pressure (or) explosion pressure (N/mm2) 

= 4 to 5 N/mm2 

D = Cylinder bore (or) outside diameter of the piston (mm) 

t = Permissible bending (tensile) stress for the piston materials (MPa) 

= 35 MPa to 40 MPa for grey cast iron 

= 50 MPa to 40 MPa for nickel cast iron and aluminium alloy 

= 60 MPa to 100 MPa for forged steel 

 
• Piston head absorbs the heat during combustion of fuel and transmits it 

to the cylinder wall. 

• It should have 
 

 

(ii) On the basis of heat dissipation, the thickness of the piston head (tH) 

i s  g iven by,       
 

 

 

 
Where 

 

𝑡𝐻 
= 

𝐻 

12.56 * 𝑘 (𝑇𝐶−𝑇𝐸) 

 
in mm (2) 

H = Heat flowing through the piston head, (kJ/s or watts) 

k = Thermal conductivity factor (W/m/oC) 

= 46.6 W/m/oC for grey cast iron 

= 51.25 W/m/oC for steel 

= 174.75 W/m/oC for aluminium alloy 

sufficient thickness to quickly transfer the heat to the 

cylinder wall. 



 

with a raius of (0.7*D). 

If (L/D) ratio is upto 1.5, a cup is provided in the top of the piston head 

are considered at the centre 

TC = Temperature at the centre of the piston head (oC) 

TE = Temperature at the edges of the piston head (oC) 

 

 

 

 

𝐻 = 𝐶 * 𝐻𝐶𝑉 * 𝑚 * 𝐵𝑃 in kW (3) 

Where 
 

C =  Ratio of the heat absorbed by the piston to the total heat developed 

in the cylinder 

In general, 

 

BP = Brake power of the engine per cylinder (kW) 
 
 

 

 

 

 

m = mass of the fuel used (kg/kW/s) 

From the above equations (1) and (2), the larger value of the thickness of the 

piston head is considered 

 

Note: 

i. 
 

 

ii. If the thickness of the piston head, (tH) ≥ 6 mm, the suitable number of ribs 

of the line of the boss extending around the 

skirt should be provided to distribute the side thrust from the connecting rod. 

(i.e.) to prevent distortion of the skirt 

iii. Then, the thickness of the ribs may be taken as, (tH/3) to (tH/2) 

iv. 

for aluminium = 75 oC 

= 

= kJ/kg for petrol 47 x 103 

kJ/kg for diesel 45 x 103 

≤ 6 mm, there is no need of ribs If the thickness of the piston head, (tH) 

(TC – TE) = for cast iron Temperature difference = 220 oC 

The heat flowing through the piston head (H) is given by, 

C = 5 % is considered (i.e.) C = 0.05 

HCV = Higher calorific value of the fuel (kJ/kg) 

considered to strengthen the piston head against gas loads. 



 

 
 
 

 

 

 

 

 

 
 

 

 

 

 

 

 
 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 

 
 

Need for piston ribs and cup 

1. Ribs strengthen the piston head against the gas pressure. 

2. It increases the rigidity and prevents distortion of piston head. 

3. It transmits a large portion of combustion heat from the piston head to the 

piston rings. 

4. It reduces the temperature difference between the centre and edge of 

piston head. 

5. The side thrust created by obliquity of connecting rod is transmitted to the 

piston at the piston pin and then transmits to the cylinder wall through the 

skirt. 

6. The stiffening ribs provided at the centre of boss and extending around 

the skirt distributes the side thrust more uniformly and also prevents 

distortion of the skirt. 

(b) Piston rings 

• The piston rings are used to impart the required radial pressure to maintain 

the seal between the piston and the cylinder bore. 

• It is made of either grey cast iron (or) alloy cast iron due to its good 

wearing properties and retaining spring characteristics even at high 

temperatures. 

Types: 

(i) Compression rings (or) pressure rings and 

(ii)Oil control (or) oil scraper 



 

Sl. 
No. 

Compression rings (or) 
pressure rings 

Oil control (or) 
oil scraper 

 
1 

These rings are inserted in the 

grooves at the top portion of the 

piston. 

It is provided below the 

compression rings. 

 
 
 
 

2 

 

 
Its function is to maintain a seal 

between the cylinder wall and piston 

and also prevent leakage of gas past 

the piston. 

These     rings     provide     proper 

lubrication to the liner by allowing 

sufficient oil to move up during 

upward stroke and at the same time, 

it scraps the excess lubricating oil 

from the inner surface of the liner 

and sends it 

back to the crankcase. 

 

3 

These rings also transfer heat from 

the piston to the cylinder liner and 

absorb some part of the piston 

fluctuation due to the side thrust. 

 
It prevents the leakage of oil into 

the combustion chamber. 

4 It may be 3 to 7 numbers It may be 1 to 2 numbers 

 

• Compression rings are made of rectangular cross-section and it may be 

diagonal cut (or) step cut ends. 

 

 

(i) 

It may be obtained by considering the radial pressure between the 

cylinder wall and the ring. 

Due to bending stress in the ring the radial thickness is given by, 
 

 

𝑡1 = 𝐷 *  √
(3*𝑝w) 

𝑡 

in mm (4) 

Radial thickness (t1) 



 

 
 

 

Upper Left side Upper Right side 

 
Where 

pw = Pressure of gas on the cylinder wall (N/mm2) 

= 0.025 N/mm2 to 0.042 N/mm2 generally considered 

D = Cylinder bore (or) outside diameter of the piston (mm) 

t = Permissible bending (tensile) stress for the piston materials (MPa) 

= 85 MPa to 110 MPa considered for cast iron 
 

(ii) 

The axial thickness of the rings may be taken as 

𝑡2 = 0.7 𝑡1 𝑡𝑜 𝑡1 in mm (5) 

 
The empirical relation for the minimum axial thickness is given by, 

𝑡2 = 
𝐷 

(10*𝑛𝑅) 

 

in mm (6) 

Where, nR = Number of rings 

 
(iii)                                                   

 
 

 

 

𝑏1 = 𝑡𝐻 𝑡𝑜 1.2 𝑡𝐻   in mm (7) 

Axial thickness (t2) 

Width of the top land (b1) 

The distance between top of the piston and the first ring groove, which is 

larger than th other ring lands to protect the top ring from the high temperature. 



 

(iv)  
 
 

 

 
 

𝑏2 = 0.75 𝑡2 𝑡𝑜 𝑡2   in mm (8) 

 

 

 

𝐺1 = 3.5 𝑡1 𝑡𝑜 4 𝑡1   in mm (9) 

(vi) Gap within the cylinder (G2) 

𝐺2 = 0.002 𝐷 𝑡𝑜 0.004 𝐷 in mm (10) 

 

(c) 

 

 

 

• The empirical relation of the maximum thickness (t3) of the piston 

barrel is given by, 
 

𝑡3 = 0.03 𝐷 + 𝑏 + 4.5  in mm (11) 

Where, b = Radial depth of piston ring groove which is 0.4 mm larger 

than the radial thickness of the piston ring (t1) 

Therefore, 𝑡3 = 0.03 𝐷 + 𝑡1 + 4.9 in mm (12) 

 

 

 

The piston wall thickness towards the open end is decreased and it may be, 
 

𝑡4 = 0.25 𝑡3 𝑡𝑜 0.35 𝑡3   in mm (13) 

 

(or) slightly less than the axial thickness of the ring (t2). 

Piston barrel 

Width of the other rim
g lands (b2) 

The distance between the ring grooves in the piston, which may be equal 

(v) Gap between the free ends of the ring (G1) 

The depth of the ring grooves should be more than the depth of the ring 

so that the ring does not take any piston side thrust. 

• It is a cylindrical portion of the piston. 

(i)Maximum thickness (t3) of the piston barrel 

(ii) Piston wall thickness 



 

 

(d) 

 

 

 

• The length of the piston skirt should be such that the bearing pressure on 

the piston barrel due to the side thrust does not exceed 0.25 N/mm2 of 

the projected area for low speed engines and 0.5 N/mm2 of the projected 

area for high speed engines. 

• The maximum thrust will be during the expansion stroke. 

• 

We know that, the maximum gas load on the piston, 

𝑃 = 𝑝 * (
 𝐷2

) (14) 
4 

Therefore, the maximum side thrust on the cylinder, 

 
Where 

𝑅 = ( 
𝑃 

) 
10 

= 0.1 * 𝑝 * (
 𝐷2 

) (15) 
4 

p = Maximum gas pressure (N/mm2) 

D = Cylinder bore (mm) 

But, based on the cross-section of the piston skirt, the side thrust is given by, 

𝑅 = 𝐵𝑒𝑎𝑟i𝑛𝑔 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 * 𝑃𝑟𝑜j𝑒𝑐𝑡𝑒𝑑 𝑏𝑒𝑎𝑟i𝑛𝑔 𝑎𝑟𝑒𝑎 𝑜ƒ 𝑡ℎ𝑒 𝑝i𝑠𝑡𝑜𝑛 𝑠𝑘i𝑟𝑡 

𝑅 = 𝑝𝑏 * 𝐷 * 𝑙 (16) 

Where 

Pb = Bearing pressure (N/mm2) 

= (0.21 to 0.28) N/mm2 (for low speed engines) 

= up to 0.49 N/mm2 (for high speed engines) 

l = Length of the piston skirt (mm) 
 

From the above equations (15) and (16), 

                     the length of the piston skirt (l) is determined. 

In general, the length of the piston skirt (l) = (0.65 to 0.8) * D 
 

The length of the piston (L) is given by, 

𝐿 = 𝐿𝑒𝑛𝑔𝑡ℎ 𝑜ƒ 𝑝i𝑠𝑡𝑜𝑛 𝑠𝑘i𝑟𝑡 + 𝐿𝑒𝑛𝑔𝑡ℎ 𝑜ƒ 𝑟i𝑛𝑔 𝑠𝑒𝑐𝑡i𝑜𝑛 + 𝑇𝑜𝑝 𝐿𝑎𝑛𝑑 

In general, the length of the piston (L) = D to 1.5*D 

piston skirt. 

Piston Skirt 

In general, the side thrust of the cylinder liner may be considered as 

• The cylindrical portion of the piston below the ring section is known as 

(1/10) of the maximum gas load on the piston. 



 

(e) 

 

 

 

 
 

 

• 

• The centre of piston pin should be (0.02 * D to 0.04 * D) above the centre 

of the piston skirt in order to off-set the turning effect of the friction and 

also to obtain uniform pressure distribution between the piston and the 

cylinder liner. 

• It is made of case hardened steel alloy which contains, nickel, chromium, 

molybdenum (or) vanadium having the tensile strength from 710 MPa to 

910 MPa. 
 

Sl. No. Full-floating Piston Pin Semi-floating Piston Pin 

 

 
1 

 
The piston pin is free to turn 

both in the piston bosses and 

the bush of the small end of the 

connecting rod. 

The piston pin is either free to turn 

in the piston bosses and rigidly 

secured to the small end of the 

connecting rod (or) frees to turn in 

the bush of the small end of the 

connecting rod. 

 

 
2 

The end movements of the 

piston pin should be secured by 

means of spring circlips, in 

order to prevent the pin from 

touching and scoring the 

cylinder liner. 

 
 

It is rigidly secured in the piston 

bosses by means of a screw. 

 

 

 
3 

 

  

 

 

diameter is being at the centre of the pin. 

Piston Pin (or) Gudgeon Pin (or) Wrist Pin 

It passes through the bosses provided on the inside of the piston skirt and 

• It is used to connect the piston and the connecting rod. 

• It is usually made of hollow tapered on the inside and the smallest inside 

the bush of the small end of the connecting rod. 



 

bearing pressure 

 

For end clearance of the pin, 

The length of the connecting rod bushing = (0.45 * D) 

 

We know that, the maximum gas load on the piston from equation (14), 

𝑃 = 𝑝 * (
 𝐷2

) (14) 
4 

and load on the piston pin due to (or) bearing load 
 

 

 

 
Where 

𝐿𝑜𝑎𝑑 𝑜𝑛 𝑡ℎ𝑒 𝑝i𝑠𝑡𝑜𝑛 = 𝐵𝑒𝑎𝑟i𝑛𝑔 𝑝𝑟𝑒𝑠𝑠𝑢𝑟𝑒 * 𝐵𝑒𝑎𝑟i𝑛𝑔 𝑎𝑟𝑒𝑎 

= 𝑝𝑏1 * 𝑑𝑜 * 𝑙1 (17) 

 

Pb1 = Bearing pressure at the small end of connecting rod (N/mm2) 

 = 25 MPa (In general) 

di = 

= 

Inner diameter of the piston pin (mm) 

0.6 * do 

Mean diameter of the piston bosses, 

= 1.4 * do (for Grey cast iron piston) 

= 1.5 * do (for Aluminium alloy piston) 

Equating the equations (14) and (17), then  

                          the outside diameter of the piston pin (do) is to be determined. 
 

For Checking 
 

Assume, the UDL is applied on the entire length of the small end of the 
connecting rod. 

 

(a) (a)                                                     (b) 



 

𝑜 i (22) 

Therefore, the length between the supports, 

𝑙2 = 𝑙1 + 
(𝐷−𝑙1) 

2 
(18) 

 

 
The 

𝑙2 
= 

(𝐷+𝑙1) 

2 
(19) 

𝑀 = (
𝑃 

* 
𝑙2) − (

𝑃 
* 

𝑙1 * 
𝑙1) (20) 

2 2 𝑙1 2 4 
 

= (
𝑃 

* 
𝑙2) − (

𝑃 
* 

𝑙1) 
2 2 2 4 

 ) −  * 
= (

𝑃*𝑙1) + 
8 

𝑃*𝐷 
( ) − 

8 
(

𝑃*𝑙1)
 

8 

M = (
𝑃*𝐷

) (21) 
8 

Also, we know that the section modulus of the hollow cylindrical piston pin, 

𝑍 = 


 
32 

( 𝑑4−𝑑4) 
[ ] 

𝑑𝑜 

Therefore, the maximum bending moment, 

M = (b * Z) (23) 

Where 

b = Allowable bearing stress for the piston pin material (MPa) 

= 84 MPa (for case hardened carbon steel) 

= 140 MPa (for heat treated alloy steel) 
 

maximum bending moment at the centre of the pin, 



 

Problems 
 

1. Design a cast iron piston for a single acting four stroke engine for the 

following data: 

Cylinder bore = 100 mm 

Stroke = 125 mm 

Maximum gas pressure = 5 N/mm2 

Indicated mean effective pressure = 0.75 N/mm2 

Mechanical efficiency = 80% 

Fuel consumption = 0.15 kg per brake power per hour 

Higher calorific value of fuel = 42 x 103 kJ/kg 

Speed = 2000 rpm 

Any other data required for the design may be assumed. 

 
Given data: 

 

Cylinder bore, D = 100 mm 
 

Stroke length, L = 125 mm 

= 0.125 m 

Maximum gas pressure, p = 5 N/mm2 

Indicated mean effective pressure, pm = 0.75 N/mm2 

Mechanical efficiency, m = 80% = 0.8 

Speed, N = 2000 rpm 

Number of working strokes per mm, 

n = N/2 (for four stroke engine) 

= (2000/2) 

 

Fuel consumption, m = 0.15 kg per brake power per hour 

= 0.15/3600 

m = 41.667 x 10-6 kg/BP/s 

Higher calorific value of fuel, HCV = 42 x 103 kJ/kg 

n = 1000 



 

To Find: 
 

Design the piston =? 

 
Solution: 

 

The dimensions for various components of the piston determined as follows: 
 

(a) Piston head (or) Crown 

The thickness of the piston head is determined on the basis of strength as well 

as on the basis of heat dissipation and the larger of the two values is adopted. 

(i) On the basis of strength criterion 

The thickness of the piston head (tH) is given by, 

Given p = 5 N/mm2 and D = 100 mm 

Assume, t = Permissible bending (tensile) stress for the piston material 

= 38 MPa for cast iron 



 

 
 

 

 
 

= √
(3* 5* 1002) 

(16* 38) 

 

= 15.707 mm 
 

 

(ii) On the basis of heat dissipation 

 
The heat flowing through the piston head (H) is given by, 

 

 

 

Assume, C = 0.05 

Given 

Higher calorific value of fuel, HCV = 42 x 103 kJ/kg 

Fuel consumption, m = 41.667 x 10-6 kg/BP/s 

Stroke length, L = 0.125 m 

Number of working strokes per mm, n = 1000 

We know that, 

 

 

 

(0.75 𝗑 0.125 𝗑 ( )1002𝗑 1000) 

= 4  

60 

 

Mechanical efficiency, m = 0.8 

 
Brake power (kW) = (IP * m) 

= (12.265 x 103 * 0.8) 
 

 
 

  

𝐻 = 𝐶 * 𝐻𝐶𝑉 * 𝑚 * 𝐵𝑃 in kW 

tH = 16 mm 

IP = 12.265 x 103 watts 

BP = 9.812 x 103 watts 



 

Therefore, the heat flowing through the piston head (H) is given by, 
 

= 0.05 * 42 x 103 * 41.667 x 10−6 * 9.812 x 103 
 

 

Assume, 

Thermal conductivity factor, k = 46.6 W/m/oC for the cast iron 

Temperature difference, (TC – TE) = 220 oC for the cast iron 

The thickness of the piston head (tH) is given by, 
 

= 
858.56 

(12.56 * 46.6*220) 

= 0.00667 𝑚 
 

From the above two values, the larger value of the thickness of the piston head 

 

 

Here, the thickness of the piston head is greater than 6 mm, Assume four 

numbers of ribs are considered for the design. 

Also, L/D ratio = (125/100) = 1.25 

Therefore, 

A cup is provided in the top of the piston head with a radius = (0.7*D) 

= (0.7*100) 

= 70 mm 

Also, thickness of the ribs, tR = (tH/3) to (tH/2) 

= (16/3) to (16/2) 

= 5.333 to 8 mm 

The thickness of the ribs, tR = 7 mm is considered 

𝐻 = 𝐶 * 𝐻𝐶𝑉 * 𝑚 * 𝐵𝑃 

H = 858.56 watts 

𝑡 =  

 

 

tH = 6.67 mm 

tH = 16 mm 



 

in rings section. 

three rings are considered as compression rings and one for oil ring 

(b) Piston rings 
 

Assume, 

(i.e.) nr = 4 

Out of four, 

for the design of piston. 

 

The radial thickness of the piston rings, 
 

 

 

 

Assume 

Pressure of gas on the cylinder wall, pw = 0.035 N/mm2 

Permissible bending (tensile) stress for the cast iron, t = 90 MPa 

= 100 * √
(3*0.035) 

90 

The axial thickness of the rings may be taken as 

 

= (0.7 * 3.416) 𝑡𝑜 3.416 

= 2.391 𝑡𝑜 3.416 

 

The empirical relation for the minimum axial thickness is given by, 

 

 

𝑡2 =  
100 

(10*4) 

 

 

 

Therefore, the calculated axial thickness is safe. 

𝑡2 = 0.7 𝑡1 𝑡𝑜 𝑡1 

𝑡 =  
 

 

t2 = 2.5 mm 

𝑡  
 

 

four rings are considered 

t1 = 3.416 mm 

Consider, t2 = 3 mm 

Number of rings, nR = 4 (Assume) 



 

𝑏2 = 0.75 𝑡2 𝑡𝑜 𝑡2 

The distance between top of the piston and the first ring groove 

(i.e.) Width of the top land 

 

 

= 16 to (1.2 * 16) 

= 16 to 19.2 
 

 

The distance between the ring grooves in the piston 

(i.e.) Width of the other ring lands 

 

 

= (0.75 * 3) 𝑡𝑜 3 

= 2.25 𝑡𝑜 3 
 

 

Gap between the free ends of the ring 

 

= (3.5 * 3.416)𝑡𝑜 (4 * 3.416) 

= 11.956 𝑡𝑜 13.664 
 

 

Gap within the cylinder 
 

 

= (0.002 * 100)𝑡𝑜 (0.004 * 100) 

= 0.2 𝑡𝑜 0.4 

 

𝑏1 = 𝑡𝐻 𝑡𝑜 1.2 𝑡𝐻 

Consider, b1 = 18 mm 

Consider, b2 = 2.5 mm 

𝐺1 = 3.5 𝑡1 𝑡𝑜 4 𝑡1 

Consider, G1 = 12.5 mm 

𝐺2 = 0.002 𝐷 𝑡𝑜 0.004 𝐷 

Consider, G2 = 0.3 mm 



 

 

(c) Piston barrel 
 

The maximum thickness of the piston barrel (t3) is given by, 
 

 

= (0.03 * 100) + 3.416 + 4.9 

= 3 + 3.416 + 4.9 

 

The piston wall thickness towards the open end (t4) is given by, 
 

 

= (0.25 * 11.316)𝑡𝑜 (0.35 * 11.316) 

= 2.829 𝑡𝑜 3.961 

 

(d) Piston Skirt 
 

The maximum side thrust on the cylinder due to gas pressure, 
 

= 0.1 * 5 * (
 *1002

) 
4 

 

= 0.5 * 7850 
 

 

But, based on the cross-section of the piston skirt, the side thrust is given by, 
 

𝑡3 = 0.03 𝐷 + 𝑡1 + 4.9 

Consider, t3 = 11.316 mm 

𝑡4 = 0.25 𝑡3 𝑡𝑜 0.35 𝑡3 

Consider, t4 = 3.5 mm 

𝑅 = 0.1 * 𝑝 * (
 𝐷2

) 
 

𝑅 = 3,925 𝑁 

 



 

l1 = (0.45 * D) 

Assume 

Bearing pressure, Pb = 0.45 N/mm2 (for high speed engines) 

3925 = 0.45 * 100 * 𝑙 

l = 87.22 mm 
 

The length of the piston (L) is given by, 

L = Length of piston skirt + Length of ring section + Top Land 
 

= 90 + [(4 * 3) + (3 * 2.5)] + 18 
 

= 90 + 19.5 + 18 
 

L = 127.5 mm 
 

 

(e) Piston Pin (or) Gudgeon Pin (or) Wrist Pin 
 

We know that, the maximum gas load on the piston, 

= 5 * (
 *1002

)
 

4 

 

 

Assume, 

Bearing pressure at the small end of connecting rod, Pb1 = 25 N/mm2 

Inner diameter of the piston pin, 

 

= (0.45 * 100) 
 

Length of the piston skirt, l = 90 mm 

L = 90 + [(4 * t2) + (3 * b2)] + b1 

L = 130 mm 

𝑃 = 𝑝 * (
 𝐷2

) 
 

P = 39,250 N (i) 

l1 = 45 mm 



 

and load on the piston pin due to bearing pressure (or) bearing load 
 
 

 

= (25 * 𝑑𝑜 * 45) 
 

 

Equating equations (i) and (ii),  
39,250 = (1125 * do) 

 

do = 34.89 mm 

Therefore, outside diameter of the pin, 
 

Assume, 

 
Inside diameter of the pin, 

 

 
 

= (0.6 * 35) 
 

 
 

For Checking 
 

Assume, the UDL is applied on the entire length of the small end of the 
connecting rod. 

 

= (1125 * 𝑑𝑜) N (ii) 

di = 21 mm 

di = 0.6 * do 

 

do = 35 mm 



 

 

 

 

The maximum bending moment at the centre of the pin, 

= 
39250 *100 

 ( ) 
8 

 

Also, we know that the section modulus of the hollow cylindrical piston pin, 
 

= 
 

[
(354−214)

]
 

32 35 

 

Assume, 

Allowable bearing stress for the piston pin material, b = 140 N/mm2 

Therefore, the maximum bending moment, 

 

 

= (
490.625 𝑥 103

)
 

3661.868 

 

 

The calculated bearing stress is less than the allowable bearing stress. 

Therefore, the design of piston based on the bearing stress is safe. 

 

2. Design a cast iron trunk type piston for a single acting four stroke engine 

developing 75 kW per cylinder when running at 600 rpm. The other available 

data is as follows: 

Maximum gas pressure = 4.8 N/mm2 

Indicated mean effective pressure = 0.65 N/mm2 

Mechanical efficiency = 95% 

Radius of the crank = 110 mm 

Fuel consumption = 0.3 kg/BP/hr 

Calorific value of fuel (higher) = 44 x 103 kJ/kg 

M = 490.625 𝑥 103 N-mm 

 
 

𝑍 = 


 
 
[ 

      
 

 
] 

Z = 3661.868 mm3 

 



 

Difference of temperature at the centre and edges of the piston head = 200oC 

Allowable stress for the material of the piston = 33.5 MPa 

Allowable stress for the material of the piston rings & gudgeon pin = 80 MPa 

Allowable bearing pressure on the piston barrel = 0.4 N/mm2 and 

Allowable bearing pressure on the gudgeon pin = 17 N/mm2 

Given data: 

 

Power developed, P = 75 kW = 75 x 103 watts 

Speed, N = 600 rpm 

Radius of the crank, r = 110 mm 

Stroke length, L = (2 *r) 

= (2 * 110) = 220 mm 

L = 0.22 m 

Maximum gas pressure, p = 4.8 N/mm2 

Indicated mean effective pressure, pm = 0.65 N/mm2 

Mechanical efficiency, m = 95% = 0.95 

Number of working strokes per mm, 

n = N/2 (for four stroke engine) 

= (600/2) 

Fuel consumption, m = 0.3 kg per brake power per hour 

= 0.3 / 3600 

m = 83.33 x 10-6 kg/BP/s 

Higher calorific value of fuel, HCV = 44 x 103 kJ/kg 

Difference of temperature at the centre 

and edges of the piston head, , (TC-TE) = 200oC 

Allowable stress for the material of the piston, t = 33.5 N/mm2 

Allowable stress for the material of 

the piston rings & gudgeon pin , t = 80 N/mm2 

Allowable bearing pressure on the piston barrel, pb = 0.4 N/mm2 and 

Allowable bearing pressure on the gudgeon pin, pb1 = 17 N/mm2 

n = 300 



 

To Find: 
 

Design the piston =? 

 
Solution: 

 

The dimensions for various components of the piston determined as follows: 
 

 

(a) Piston head (or) Crown 

The thickness of the piston head is determined on the basis of strength as well 

as on the basis of heat dissipation and the larger of the two values is adopted. 

(iii) On the basis of strength criterion 

Given p = 4.8 N/mm2 and t = 33.5 N/mm2 

Assume, L/D = 1.5 

(220 / D) = 1.5 

D = 146.67 mm 
 

D = 150 mm 



 

 
 

 

The thickness of the piston head (tH) is given by, 

 

 

= √
(3* 4.8* 1502) 

(16* 33.5) 

 

= 24.586 mm 

 

 

(iv) On the basis of heat dissipation 

 
The heat flowing through the piston head (H) is given by, 

 

 

 

Assume, C = 0.05 

Given 

Higher calorific value of fuel, HCV = 44 x 103 kJ/kg 

Fuel consumption, m = 83.33 x 10-6 kg/BP/s 

Stroke length, L = 0.22 m 

Number of working strokes per mm, n = 300 

We know that, 

 

 

 

(0.65 𝗑 0.22 𝗑 ( )1502𝗑 300) 
 

= 4  

60 

 

Mechanical efficiency, m = 0.95 (Given) 
 

Brake power (kW) = (IP * m) 

= (12.629 x 103 * 0.95) 
 

𝐻 = 𝐶 * 𝐻𝐶𝑉 * 𝑚 * 𝐵𝑃 in kW 

 
 

  

tH = 25 mm 

IP = 12.629 x 103 watts 

BP = 11.997 x 103 watts 



 

tR = 10 mm 

Assume, C = 0.05 

Therefore, the heat flowing through the piston head (H) is given by, 
 

= 0.05 * 44 x 103 * 83.33 x 10−6 * 11.997 x 103 
 

 

Assume, 

Thermal conductivity factor, k = 46.6 W/m/oC for the cast iron 

Temperature difference, (TC – TE) = 200 oC (Given) 

The thickness of the piston head (tH) is given by, 
 

= 
2199.36 

(12.56 * 46.6*200) 

= 0.01879 𝑚 
 

From the above two values, the larger value of the thickness of the piston head 
 

 

Here, the thickness of the piston head is greater than 6 mm, Assume four 

numbers of ribs are considered for the design. 

Therefore, 

 

A cup is provided in the top of the piston head with a radius = (0.7*D) 

= (0.7*150) 

= 105 mm 

Also, thickness of the ribs, tR = (tH/3) to (tH/2) 

= (25/3) to (25/2) 

= 8.333 to 12.5 mm 

The thickness of the ribs, is considered. 

𝐻 = 𝐶 * 𝐻𝐶𝑉 * 𝑚 * 𝐵𝑃 

H = 2199.36 watts 

𝑡 =  
 

 

tH = 18.79 mm 

tH = 25 mm 



 

(b) Piston rings 
 

Assume, four rings are considered for the design of piston. 

(i.e.) nr = 4 

Out of four, three rings are considered as compression rings and one for oil ring 

in rings section. 
 

The radial thickness of the piston rings, 
 

 

 

 

Assume 

Pressure of gas on the cylinder wall, pw = 0.04 N/mm2 

Permissible bending (tensile) stress for the cast iron, t = 80 MPa 
 

= 150 * √
(3*0.04) 

80 

 

The axial thickness of the rings may be taken as 

 
 

= (0.7 * 5.81) 𝑡𝑜 5.81 

= 4.067 to 5.81 

 

Number of rings, nR = 4 (Assume) 

The empirical relation for the minimum axial thickness is given by, 
 

𝑡2 =  
150 

(10*4) 

 

 

 

Therefore, the calculated axial thickness is safe. 

𝑡2 = 0.7 𝑡1 𝑡𝑜 𝑡1 

t2 = 3.75 mm 

 
 

  

t1 = 5.81 mm 

Consider, t2 = 5 mm 

𝑡 =  
 

 



 

The distance between top of the piston and the first ring groove 

(i.e.) Width of the top land 

 

 

= 25 to (1.2 * 25) 

= 25 to 30 

 

 

The distance between the ring grooves in the piston 

(i.e.) Width of the other ring lands 

= (0.75 * 5) 𝑡𝑜 5 

= 3.75 𝑡𝑜 5 
 

 

Gap between the free ends of the ring 

 

= (3.5 * 5.81)𝑡𝑜 (4 * 5.81) 

= 20.335 𝑡𝑜 23.24 
 

 

Gap within the cylinder 
 

 

= (0.002 * 150)𝑡𝑜 (0.004 * 150) 

= 0.3 𝑡𝑜 0.6 

 

𝑏1 = 𝑡𝐻 𝑡𝑜 1.2 𝑡𝐻 

Consider, b1 = 28 mm 

𝑏2 = 0.75 𝑡2 𝑡𝑜 𝑡2 

Consider, b2 = 4 mm 

𝐺1 = 3.5 𝑡1 𝑡𝑜 4 𝑡1 

Consider, G1 = 22 mm 

𝐺2 = 0.002 𝐷 𝑡𝑜 0.004 𝐷 

Consider, G2 = 0.5 mm 



 

(c) Piston barrel 
 

The maximum thickness of the piston barrel (t3) is given by, 
 

 

= (0.03 * 150) + 5.81 + 4.9 

= 4.5 + 5.81 + 4.9 

 

 

The piston wall thickness towards the open end (t4) is given by, 
 

 

= (0.25 * 15.21)𝑡𝑜 (0.35 * 15.21) 

= 3.803 𝑡𝑜 5.324 

 

 

(d) Piston Skirt 
 

The maximum side thrust on the cylinder due to gas pressure, 
 

= 0.1 * 4.8 * (
 *1502

) 

4 

 

= 0.48 * 17662.5 
 

 

But, based on the cross-section of the piston skirt, the side thrust is given by, 
 

𝑡3 = 0.03 𝐷 + 𝑡1 + 4.9 

Consider, t3 = 15.21 mm 

𝑡4 = 0.25 𝑡3 𝑡𝑜 0.35 𝑡3 

Consider, t4 = 4.5 mm 

𝑅 = 0.1 * 𝑝 * (
 𝐷2

) 
 

𝑅 = 8,478 𝑁 

 



 

l1 = (0.45 * D) 

Bearing pressure, Pb = 0.4 N/mm2 (Given) 

8478 = 0.4 * 150 * 𝑙 

l = 141.3 mm 
 

 

The length of the piston (L) is given by, 

L = Length of piston skirt + Length of ring section + Top Land 
 

= 145 + [(4 * 5) + (3 * 4)] + 28 
 

= 145 + 32 + 18 
 

 

(e) Piston Pin (or) Gudgeon Pin (or) Wrist Pin 

We know that, the maximum gas load on the piston, 

= 4.8 * (
 *1502

) 
4 

 

 

Given  
Bearing pressure at the small end of connecting rod, Pb1 = 17 N/mm2 

Inner diameter of the piston pin, 

= (0.45 * 150) 
 

and load on the piston pin due to bearing pressure (or) bearing load 
 

 

= (17 * 𝑑𝑜 * 67.5) 

Length of the piston skirt, l = 145 mm 

L = 145 + [(4 * t2) + (3 * b2)] + b1 

L = 205 mm 

𝑃 = 𝑝 * (
 𝐷2

) 
 

P = 84,780 N (i) 

l1 = 67.5 mm 

 

= (1147.5 * 𝑑𝑜) N (ii) 



 

Equating equations (i) and (ii),  
84,780 = (1147.5 * do) 

do = 73.88 mm 

Therefore, outside diameter of the pin, 
 

Assume, 

 
Inside diameter of the pin, 

 

 
 

= (0.6 * 75) 
 

 
 

For Checking 
 

Assume, the UDL is applied on the entire length of the small end of the 
connecting rod. 

 

The maximum bending moment at the centre of the pin, 
 

84780 *150 

= ( ) 
8 

 

 

di = 45 mm 

di = 0.6 * do 

do = 75 mm 

 
 

 

M = 158.963 𝑥 104 N-mm 



 

 

 

 

Also, we know that the section modulus of the hollow cylindrical piston pin, 
 

= 
 

[
(754−454)

]
 

32 75 

 

Assume, 

Allowable bearing stress for the piston pin material, b = 140 N/mm2 

Therefore, the maximum bending moment, 

 

 

= (
158.963 𝑥 104

)
 

36031.5 

 

The calculated bearing stress is less than the allowable bearing stress. 

Therefore, the design of piston based on the bearing stress is safe. 

 
Problems 

3. Design a cast iron piston for a single acting four stroke engine with 

the following data: 

Cylinder bore = 300 mm 

Length of stroke = 450 mm 

Speed = 300 rpm 

Indicated mean effective pressure = 0.85 MPa 

Maximum gas pressure = 5 MPa 

Fuel consumption = 0.30 kg per BP per hr 

Higher calorific value of fuel = 44,000 kJ/kg 

Mechanical efficiency = 80% 

Assume suitable data if required. 

𝑍 = 


 
 
[ 

      
 

 
] 

Z = 36,031.5 mm3 

 



 

4. Design a cast iron piston for a single acting four stroke engine for the 

following data: 

Cylinder bore = 200 mm  

Length of stroke = 250 mm  

Speed = 600 rpm 

Indicated mean effective pressure = 0.60 MPa  

Maximum gas pressure = 4 MPa 

Fuel consumption = 0.25 kg per BP per hr 

L/D ratio for bush in small end of connecting rod = 1.5  

Higher calorific value of fuel = 44,000 kJ/kg  

Mechanical efficiency = 90% 

Assume suitable data if required. 

 
5. Design a piston for a four stroke diesel engine consuming 0.3 kg of fuel per 

kW of power per hour and produces a brake mean effective pressure of 

the 0.7 N/mm2. The maximum gas pressure inside the cylinder is 5 N/mm2 

at a speed of 3500 rpm. The cylinder diameter is required to be 300 mm 

with stroke 1.5 times the diameter. The piston may have 4 compression 

rings and an oil ring. The following data can be used for design: 

Higher calorific value of fuel = 46 x 103 kJ/kg  

Temperature at the piston centre = 700oK  

Temperature at the piston = 475oK 

Heat conductivity factor = 46.6 W/m/oC 

Heat conducted through top = 5% of heat produced 

Permissible tensile strength for the material of the piston = 27 N/mm2  

Pressure between rings and piston = 0.04 N/mm2 

Permissible tensile stress in rings = 80 N/mm2  

Permissible pressure on the piston barrel = 0.4 N/mm2  

Permissible pressure on the piston pin = 15 N/mm2  

Permissible stress in piston pin = 85 N/mm2 

Any other data required for the design may be assumed. 

 

 

 

 

 

 

 



 

 
 

Design of Connecting rod for IC Engines 

 

Connecting rod: 

• The connecting rod is the intermediate member between the piston and the 

crank shaft. 
 

• The primary function of the connecting rod is to transmit the push and pull 

from the piston pin to the crank pin and thus convert the reciprocating 

motion of the piston into the rotary motion of the crank. 
 

• The schematic diagram of the connecting rod is shown in the following 

Figure which consists of a long shank, a small end and a big end. 
 

 
 

• The cross-section of the shank may be rectangular, circular, tubular,                 

I-section (or) H-section. 
 

• Generally, the circular section is used for low speed engines and I-section is 

preferred for high speed engines. 
 

Effect of (l/r) ratio 

✓ If the angularity of the connecting rod increases, the side thrust will be 

increased on the liner which induces the wear of the liner. 
 

 

✓ If the angularity of the connecting rod decreases, the side thrust will be 

decreased on the liner which induces the wear of the cylinder. 
 

✓ Generally the (l/r) ratio is considered as 4 to 5. 

 



 

• The small end of the connecting rod is usually made in the form of an eye 

and is provided with the phosphor bronze bush. 
 

• The small end of the connecting rod with the phosphor bronze bush, is 

connected to the piston by means of the piston pin.  
 

• The big end of the connecting rod is made into two halves so that it can be 

mounted easily on the crank pin bearing shells. 
 

• The connecting rod usually manufactured by drop forging process  and 

which should have adequate strength, stiffness and minimum weight 
 

• In general, the big end bearing is splash lubricated while small end bearing 

is pressure lubricated. 

 

Difference between the Splash lubrication system and  

Pressure lubrication system 
 

Sl. No.  Splash lubrication system Pressure lubrication system 

1 

• The cap at the big end is 

provided with a dipper (or) spout 

and set at an angle in such a way 

that the connecting rod moves 

downward, the spout will dip 

into the lubricating oil contained 

in the sump. 

 

• The oil is forced up the spout 

and then to the big end bearing. 

• The lubricating oil is fed 

under pressure to the big end 

bearing through the holes 

drilled in crankshaft, crank 

webs and crank pin. 

2 

• When the connecting rod 

moves upward, a splash of oil is 

produced by the spout. This 

splashed up lubricant find its way 

into the small end bearing 

through the widely chamfered 

holes provided on the upper 

surface of the small end 

• The small end bearing is 

lubricated by the oil scrapped 

from the walls of the cylinder 

liner by the oil scraper rings. 

 

 

 



 

 

Forces acting on the Connecting rod 

The following forces are considered for the design of connecting rod: 

(i) Force on the piston due to gas pressure and inertia of the reciprocating 

parts 
 

(ii) Force due to inertia of the connecting rod (or) inertia bending forces 
 

 

a) Force on the piston due to gas pressure and inertia of the reciprocating 

parts 

 

Consider, 

 P   --- >   Maximum gas pressure, N/mm2 

 D   --- >   Diameter of the piston, mm 

 A   --- >   Cross-sectional area of the piston, mm2 

       --- >   
( 𝐷2)

4
 

mR --- >   Mass of the reciprocating parts, kg 

      --- >   Mass of the piston and   +   (1/3)rd mass of the      

                gudgeon pin                         connecting rod 

   --- >   Angular velocity of the crank, rad/s 
 

   --- >   Angle of inclination of the connecting rod with the  

        line of stroke, rad 



 

 

L   --- >   Stroke length, mm 

   --- >   Angle of inclination of the crank from the TDC, rad 

r    --- >   Radius of the crank, mm 

l    --- >   Length of the connecting rod, mm 

n   --- >   Ratio of the length of the connecting rod to the radius  

      of the crank = (l/r)  

We know that, 

The force on the piston due to the gas pressure, 

                      

 

   𝐹𝐿 = 𝑝 ∗ (
 𝐷2

4
)      

 

 
    

And the inertia force of the reciprocating parts, 

    𝐹𝐼 = 𝑚𝑅 ∗ 2 ∗ 𝑟 ∗ (𝑐𝑜𝑠 +
𝑐𝑜𝑠2

𝑛
) 

         

 
 

The inertia force of the reciprocating pats always moves opposite direction of the 

piston movement. 

(i.e.) piston movement (    ) --- > TDC to BDC,  

  then inertia force movement (    ) and –ve sign is considered 

(OR) 

piston movement (    ) --- > BDC to TDC,  

  then inertia force movement (    ) and +ve sign is considered 

 

Therefore, the net force acting on the piston (or) piston pin (or) gudgeon pin, 

    𝐹𝑃 = Force due to gas pressure ∓ Inertia force  

        𝐹𝑃 = 𝐹𝐿 ∓ 𝐹𝐼 

 

Note: 
 

If weight of the reciprocating parts (WR = mR * g) is considered, 

Therefore, the net force acting on the piston (or) piston pin (or) gudgeon pin, 
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        𝐹𝑃 = 𝐹𝐿 ∓ 𝐹𝐼  ±  𝑊𝑅 

 

Finally, force acting on the connecting rod, 

  𝐹𝑐 =
𝐹𝑃

𝑐𝑜𝑠 
 

  𝐹𝑐 =
𝐹𝑃

√1−
𝑠𝑖𝑛2

𝑛2  

 

 

b) Force due to inertia of the connecting rod (or) inertia bending forces 

The maximum bending moment, 

  𝑀𝑚𝑎𝑥 = 𝑚 ∗ 2 ∗  
𝑙

9√3
 

and, the maximum bending stress,  

 𝑚𝑎𝑥 =
𝑀𝑚𝑎𝑥

𝑍
 

Where, Z --- > Section modulus 
 

Design of Connecting rod 

In the designing of connecting rod, the following dimensions are required to be 

determined: 

(i) Dimensions of cross-section of the connecting rod 
 

(ii) Dimensions of the crankpin at the big end and the piston end at the small 

end 
 

(iii)  Size of bolts for securing the big end cap, and 
 

(iv)  Thickness of the big end cap 

 

(i) Dimensions of cross-section of the connecting rod 

 

• The connecting rod is subjected to alternating direct compressive and tensile 

forces. 
 

• During the compression and power strokes, the connecting rod acts as a 

column, as it is subjected to compressive load due to downward forces on 

the piston. 
 

• Therefore, the cross section of the connecting rod is designed as a column 

and Rankine’s formula is used. 
 

• Since, the compressive forces are much higher than the tensile forces. 
 

• Both ends of the connected is connected either hinged (or) fixed. 
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Consider, 

            A   --- >   Cross sectional area of the connecting rod 

            Wb --- >   Buckling load 

            c  --- >   Compressive yield stress 

     l   --- >   Length of the connecting rod 

  Ixx and Iyy --- > Moment of inertia of the section about X-axis  

       and Y-axis respectively, and  

kxx and kyy --- > Radius of gyration of the section about X-axis  

       and Y-axis respectively, and  

 

According to the Rankine’s formulas,  

Wb about X-axis = 
𝑐

1+𝑎 (
𝐿

𝑘𝑥𝑥
)2

  for both ends hinged,  Le = l and 

                                               for both ends hinged,  Le = l/2 

Consider, 
  

L   --- >   Equivalent length of the connecting rod 

 a   --- >   Constant 
 

      --- >   (1/ 7500, for mild steel 

      --- >   1/ 9000, for wrought iron  

      --- >   1/ 1600, for cast iron 

 

In order to have the connecting rod equally in buckling about both the axes, 

the buckling loads must be equal,  
 

(i.e.)   
𝑐

1+𝑎 (
𝑙

𝑘𝑥𝑥
)2

  = 
𝑐

1+𝑎 (
𝑙

2∗ 𝑘𝑦𝑦
)2

   Here, I = (A * k2) 

Therefore, Ixx = (4 * Iyy) 

(i.e.) the moment of inertia of the connecting rod is four times strong in 

buckling about Y-axis than about X-axis. 

 



 

 

                  

Since, the value of (Ixx/Iyy) lies between 3 and 3.5, therefore, the selection of 

I-section is satisfactory. 

After deciding the proportions for I-section of the connecting rod, its 

dimensions are determined by considering the buckling of the rod about X-axis 

(assuming both ends hinges) and applying the Rankine’s formula.  

Then, the buckling load,  𝑊𝑏 =  
(𝑐 ∗ 𝐴)

1+𝑎 (
𝐿

𝑘𝑥𝑥
)2

   

And,  also the buckling load may be calculated, 

 

Wb = (Max.gas force * Factor of safety)  
 

 (Here, F.O.S = 5 to 6 is considered) 

 

From the above figure, the Rankine’s formula is 

  B = 4 t   and H = 5 t 

 

The width of the section (B) is kept constant throughout the maximum length of 

the connecting rod. 
 

The depth near the small end (or) piston end, H1 = 0.75 H to 0.9 H and 
 

The depth near the big end (or) crank end, H2 = 1.11 H to 1.25 H 
 

(ii) Dimensions of the crankpin at the big end and the piston end at the   

  small end 
 

• The high bearing pressure is required for the dimensions of the crankpin at 

the big end and piston pin (or) gudgeon pin (or) wrist pin at the small end of 

the connecting rod. 
 

• The crank pin at the big end bearing shells are made of brass (or) bronze (or) 

steel with the 1 mm lining of bearing metal (such as tin, lead, babbit, copper, 

lead) on the inner surface of the shell.  

 

Ixx  = (419/12) t4 
 

Iyy = (131/12) t4 

 

(Ixx/Iyy) = 3.2 



 

 
 

• Factor for allowable bearing pressure on the crankpin 

o Material of the bearing, 

o Viscosity of the lubricating oil, 

o Method of lubrication and  

o Space limitations. 
 

• The bearing pressure may be taken as 7 N/mm2 to 12.5 N/mm2 
 

• The piston pin bearing is made of phosphor bronze bush of about 3 mm 

thickness and the allowable bearing pressure of piston pin is considered as 

10.5 N/mm2 to 15 N/mm2. 
 

• Since the maximum load to be carried by the crankpin and piston pin 

bearings is the maximum force in the connecting rod (FC). 
 

• Therefore, the dimensions for these two pins are determined for the 

maximum force in the connecting rod (FC) which is taken equal to the 

maximum force on the piston due to gas pressure (FL) with neglecting the 

inertia forces. 
 

• We know that maximum gas force, 

                

   𝐹𝐿 = 𝑝 ∗ (
 𝐷2

4
)      

 
 

Where, D = Cylinder bore (or) piston diameter in mm, and 

 p = Maximum gas pressure in N/mm2 

                    dc = Diameter of the crank pin in mm 

             lc = Length of the crank pin in mm, 

           pbc = Allowable bearing pressure in N/mm2,  

                    dp = Diameter of the crank pin in mm 

             lp = Length of the crank pin in mm, and 

           pbp = Allowable bearing pressure in N/mm2 

 

We know that load on the crank pin = Projected area × Bearing pressure 

                                            FL  = dc * lc * pbc  

(Consider, lc = 1.25 dc to 1.5 dc), then determine the values of dc and lc 

 

Similarly, load on the piston pin, FL = dp * lp * pbp 
 

(Consider, lp = 1.5 dp to 2 dp), then determine the values of dp and lp 

 

 

 

 

In PSG design data book,  

Page No. 7.122 

In PSG design data book,  

FL = FG 



 

 

(iii)  Dimensions Size of bolts for securing the big end cap 

 

• The bolts and the big end cap are subjected to tensile force which 

corresponds to the inertia force of the reciprocating parts at the top dead 

centre on the exhaust stroke.  

 

We know that the inertia force of the reciprocating parts, 

   

  𝐹𝐼 = 𝑚𝑅 ∗ 2 ∗ 𝑟 ∗ (𝑐𝑜𝑠 +
𝑐𝑜𝑠2

𝑛
) 

At TDC, the angle of inclination of the crank with the line of stroke, θ = 0 
 

   𝐹𝐼 = 𝑚𝑅 ∗ 2 ∗ 𝑟 ∗ (1 +
1

𝑛
) 

 

The bolts may be made of high carbon steel or nickel alloy steel.  

 

Since the bolts are subjected to the repeated stresses, and  

Consider, factor of safety = 6. 
 

Force on the bolts, 𝐹𝐼 =  
( ∗𝑑𝑐𝑏

2 ) ∗ 𝑡∗ 𝑛𝑏

4
 

 

Where, dcb = Core diameter of the bolt, mm, 

    σt = Allowable tensile stress for the bolt material in N/mm2  and 

   nb = Number of bolts. Generally nb = 2 is considered 
 

(iv) Thickness of the big end cap 
 

• The thickness of the big end cap (tc) may be determined by treating the 

cap as a beam freely supported at the cap bolt centres and loaded by the 

inertia force at the TDC on the exhaust stroke (i.e. FI, when θ = 0).  
 

• This load is assumed to act in between the uniformly distributed load and 

the centrally concentrated load.  
 

• Therefore, the maximum bending moment on the cap is, 

𝑀𝑐 =  
( 𝐹𝐼 ∗ 𝑥)

6
 

 

Where,  x = Distance between the bolt centres, mm 
 

                        = Dia. of crankpin or big end bearing (dc) + 2 × Thickness of  

                           bearing liner (3 mm) + diameter of the bolts (db) + Clearance      

                           (3 mm) 
 

                   bc = Width of the cap, mm.  (bc = lc) and 
 

         σb = Allowable bending stress for the cap material in N/mm2   
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We know that section modulus for the cap, 

     𝑍𝑐 =  
𝑏𝑐∗ 𝑡𝑐

2

6
 

 

Therefore, Bending stress, 𝑏 =
𝐹𝐼∗ 𝑥

𝑏𝑐∗ 𝑡𝑐
2 

 

From the above equation, tc is to determined 

 

Problem 1 
 

Design a connecting rod for an I.C. engine running at 1800 rpm and 

developing a maximum pressure of 3.15 N/mm2. The diameter of the piston is 

100 mm; mass of the reciprocating parts per cylinder 2.25 kg; length of 

connecting rod 380 mm; stroke of piston 190 mm and compression ratio 6:1. Take 

a factor of safety of 6 for the design. Take length to diameter ratio for big end 

bearing as 1.3 and small end bearing as 2 and the corresponding bearing pressures 

as 10 N/mm2 and 15 N/mm2. The density of material of the rod may be taken as 

8000 kg/m3 and the allowable stress in the bolts as 60 N/mm2 and in cap as 80 

N/mm2. The rod is to be of I-section and assume own proportions. Use Rankine’s 

formula for which the numerator constant may be taken as 320 N/mm2 and the 

denominator constant 1 / 7500. 

 

Given data: 

 

Speed of connecting rod, N = 1800 rpm 

Angular velocity of the connecting rod,  =  
(2∗ ∗𝑁)

60
  𝑟𝑎𝑑

𝑠𝑒𝑐⁄  

     =  
(2∗ ∗1800)

60
   

 

                                                               =  188.57 𝑟𝑎𝑑
𝑠𝑒𝑐⁄    

 

Maximum pressure developed, p = 3.15 N/mm2 

Diameter of the piston, D = 100 mm 

Mass of the reciprocating parts per cylinder, mR = 2.25 kg  

Length of connecting rod, l = 380 mm  

Stroke of piston, L = 190 mm  

Compression ratio = 6:1 

Factor of safety = 6 



 

 

Length of the crank pin to diameter ratio for big end bearing, (lc / dc) = 1.3  

Length of the piston pin to diameter ratio for small end bearing, (lp / dp) = 2  

Bearing pressure for big end bearing, pbc = 10 N/mm2  

Bearing pressure for small end bearing, pbp = 15 N/mm2 

Density of material of the connecting rod,  = 8000 kg/m3  

Allowable tensile stress in the bolts, t = 60 N/mm2  

Allowable bending stress in cap, b = 80 N/mm2  

Cross-section of the connecting rod ---> I-section  

Stress in the connecting rod, c = 320 N/mm2  

Rankine’s constant, 𝑎 =  
1

7500
 

     
To Find: 

 

Design of the connecting rod =? 

 

Solution: 

 

1. Dimensions of I-section of the connecting rod 
 

 

 

From the above figure,  

    Flange and web thickness of the section = t 

    Width of the section, B = 4 t    

    Depth (or) height of the section, H = 5 t 

     

Check, the given I-section is satisfactory (or) not 
 

 

 

2 

1 

3 



 

 

 We know that,  

• The connecting rod is considered like both ends hinged for buckling about        

X-axis and both ends fixed for buckling about Y-axis.  
 

• The connecting rod should be equally strong in buckling about both the axes.  
 

• We know that in order to have a connecting rod equally strong about both 

the axes.                                    
  

Therefore, Ixx = (4 * Iyy) 
 

(i.e.) the moment of inertia of the connecting rod is four times strong in 

buckling about Y-axis than about X-axis. 

We know that from the earlier discussion, if (Ixx/Iyy) lies between 3 and 3.5, 

then the selection of I-section is satisfactory. 

Area of the cross-section, 

   A = A1 + A2 + A3 

      = A1 – (2 *A2)  (From the figure, A2 = A3) 

      = (4t * 5t) – 2 (1.5t * 3t)             

           A = 11 t2 

Moment of inertia of the connecting rod about X-axis, (Ixx) 

  𝐼𝑥𝑥 =  
1

12
 [ 4𝑡 ∗ (5𝑡)3] −  2 [1.5𝑡 ∗ (3𝑡)3] 

                    𝐼𝑥𝑥 =  
419

12
 𝑡4 

Similarly, Moment of inertia of the connecting rod about Y-axis, (Iyy) 

           𝐼𝑦𝑦 =  
1

12
 [ 5𝑡 ∗ (4𝑡)3] −   [

3𝑡∗(1.5𝑡)3

12
+  (1.5𝑡 ∗ 3𝑡) ∗ (0.75𝑡 − 2𝑡)2] 

                                                      − [
3𝑡 ∗ (1.5𝑡)3

12
+ (1.5𝑡 ∗ 3𝑡) ∗ (2𝑡 − 3.25𝑡)2] 

                          𝐼𝑦𝑦 =  
131

12
 𝑡4 

 
 

Therefore,   
𝐼𝑥𝑥

𝐼𝑦𝑦
=  

419

12
∗ 𝑡4 ∗

12

131
∗

1

𝑡4
 

      

                    
𝐼𝑥𝑥

𝐼𝑦𝑦
=  3.2  lies between 3 to 3.5, 

 

Then, the given I-section is satisfactory for design of connecting rod. 

 
 

 



 

 

Since the connecting rod is designed by taking the force on the connecting 

rod (FC) equal to the maximum force on the piston (FL) due to gas pressure,  
 

 

We know that maximum gas force,    

                

   𝐹𝑐 = 𝐹𝐿 = 𝑝 ∗ (
 𝐷2

4
)      

                = 3.15 ∗ (
 ∗ 1002

4
)      

   𝐹𝑐 = 𝐹𝐿 = 24.7275 𝑘𝑁     

 
 

We know that, the connecting rod is designed for buckling about X-axis  

 assuming both ends hinged.  

 

Therefore the buckling load, 
 

Wb = (Max.gas force * Factor of safety)  

      = 24.7275 x 103 * 6 

Wb = 148.365 kN 

We know that radius of gyration of the section about X-axis, 

   𝑘𝑥𝑥 =  √
𝐼𝑥𝑥

𝐴
 

          𝑘𝑥𝑥 =  √(
419

12
∗  𝑡4) ∗  

1

11∗𝑡2
 

 

          𝑘𝑥𝑥 =  1.782 ∗ 𝑡   mm 

 

Length of crank, 𝑟 =  
Stroke of piston 

2
=  

𝐿

2
 

           𝑟 =  
190 

2
 

                            

           r = 95 mm 

 

 

Length of the connecting rod,  
 

        l = 380 mm       (Given) 

 
 

Here, the equivalent length of the connecting rod for both ends hinged, 
  

      L = l = 380 mm 
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Now according to Rankine’s formula, we know that buckling load (Wb), 
 

Then, the buckling load,  𝑊𝑏 =  
(𝑐 ∗ 𝐴)

1+𝑎 (
𝐿

𝑘𝑥𝑥
)2

   

        148.365 ∗ 103 =  
(320 ∗ 11∗𝑡2)

1+(
1

7500
) (

380

1.782∗𝑡
)2

   

              
148.365∗103

320
=  

11∗𝑡2

1+(
6.06

𝑡2 ) 
   

                            463.64 =  
11∗𝑡4

𝑡2+6.06 
   

          𝑡4 − (42.15 ∗  𝑡2) −  255.42 = 0 

                                                      𝑡2 =  
42.15 ± √42.152+ (4∗1∗255.42)

(2∗1)
 

                                                      𝑡2 =  
42.15 ± 52.9

2
 

                  Therefore,  t = 6.89  

             Flange and web thickness, t = 7 mm   

                     Width of the section, B = 4 t    

                                                           = (4 * 7) 

         B = 28 mm 

   Depth (or) height of the section, H = 5 t 

                                                           = (5 * 7) 

         H = 35 mm 

 

We know that,  
 

The width of the section (B) is kept constant and depth (H) varies 

throughout the maximum length of the connecting rod. 
 

 

The depth near the small end (or) piston end, H1 = 0.75 H to 0.9 H  

 
 

                                  In this design, assume H1 = (0.8 * H) 

             = (0.8 * 35) 

                                                                   H1 = 28 mm 

 

 



 

 

Similarly, the depth near the big end (or) crank end,  
 

H2 = 1.11 H to 1.25 H 
                                    

     In this design, assume H2 = (1.8 * H) 
 

            = (1.8 * 35) 

                                                                   H2 = 63 mm 

 

2. Dimensions of the crankpin or the big end bearing and piston pin (or) 

small end bearing 
 

Consider,   
 

Length of the crankpin (or) big end bearing, lc = 1.3 dc          (Given) 
 

         Bearing pressure for big end bearing, pbc= 10 N/mm2   (Given) 
 

We know that, 
 

The load on the crankpin (or) big end bearing,  
 

      FL = Projected area × Bearing pressure 

       FL= dc * lc * pbc  

                                    24.7275 x 103 = dc * (1.3 * dc) * 10  

                 dc= 43.61 = 44 mm 

       dc= 44 mm 

Therefore, lc = (1.3 * 44) 
 

                 lc= 57.2 = 58 mm 

 Length of the crankpin (or) big  

                               end bearing, lc= 58 mm 

 

The big end has removable precision bearing shells of brass (or) bronze (or) 

steel with a thin lining of 1mm of bearing metal.  

 

Consider,   
 

Length of the piston pin (or) small end bearing, lp = (2 * dp)     (Given) 
 

         Bearing pressure for small end bearing, pbp= 15 N/mm2   (Given) 
 

 

 

 

 



 

 

We know that, 
 

The load on the piston pin (or) small end bearing,  
 

      FL = Projected area × Bearing pressure 

       FL= dp * lp * pbp  

                                    24.7275 x 103 = dp * (2 * dp) * 15  

                 dp= 28.71 = 29 mm 

       dp= 29 mm 

Therefore, lp = (2 * 29) 
 

                 lp= 58 mm 

 Length of the piston pin (or) small  

                               end bearing, lp= 58 mm 

 

The small end bearing is usually a phosphor bronze bush of about 3 mm 

thickness.  

 

3. Size of bolts for securing the big end cap 
 

Consider, dcb = Core diameter of the bolts 
 

Allowable tensile stress of the bolt materials, σt = 60 N/mm2          (Given) 
 

and Number of bolts, nb = 2 (Usually assumed) 
 
 

The bolts and the big end cap are subjected to tensile force which 

corresponds to the inertia force of the reciprocating parts at the top dead centre 

on the exhaust stroke.  

 

We know that the inertia force of the reciprocating parts, 

   

                 𝐹𝐼 = 𝑚𝑅 ∗ 2 ∗ 𝑟 ∗ (𝑐𝑜𝑠 +
𝑐𝑜𝑠2

𝑛
) 

 

At TDC, the angle of inclination of the crank with the line of stroke, θ = 0 
 

        𝐹𝐼 = 2.25 ∗ (188.57)2 ∗ 0.095 ∗ (1 +
0.095

0.38
) 

 

                𝐹𝐼 = 9500.35 𝑁 
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But, the maximum force on the bolts, 𝐹𝐼 =  
( ∗𝑑𝑐𝑏

2 ) ∗ 𝑡∗ 𝑛𝑏

4
 

 

            9500.35 =  
( ∗𝑑𝑐𝑏

2 ) ∗ 60 ∗ 2

4
 = 10.04 mm 

 

      dcb = 11 mm 
 

and nominal diameter of the bolt, 𝑑𝑏 =  
𝑑𝑐𝑏

0.8
 

 

          𝑑𝑏 =  
11

0.8
= 13.75     

 

         db = 14 mm 

 
 

4. Thickness of the big end cap 
 

Consider,  tc = Thickness of the big end cap and  

                 bc = Width of the big end cap.  

 

The length of the big end bearing (lc) = Width of the big end cap (bc) = 58 mm  

 

Allowable bending stress of the cap material, σb =  80 N/mm2            (Given) 
 

The big end cap is designed as a beam freely supported at the cap bolt 

centres and loaded by the inertia force at the top dead centre on the exhaust stroke. 

(i.e.) FI when θ = 0).  
 

Since the load is assumed to act in between the uniformly distributed load 

and the centrally concentrated load. 
 

The maximum bending moment on the cap is, 

 

𝑀𝑐 =  
( 𝐹𝐼 ∗ 𝑥)

6
 

 

Where,  x = Distance between the bolt centres, mm 

 

                        = Dia. of crankpin or big end bearing (dc) + 2 × Thickness of  

                           bearing liner (3 mm) + diameter of the bolts (dp) + Clearance  

                           (3 mm) 

      

  = dc + (2 *3) + db + 3 

 = 44 + (2 *3) + 14 +3 

x = 67 mm 

 



 

 

Therefore, the maximum bending moment on the cap is, 

 

𝑀𝑐 =  
( 𝐹𝐼 ∗ 𝑥)

6
 

 

                                                         =  
( 9500.35∗67)

6
 

 

𝑀𝑐 =  106087.242  𝑁 − 𝑚𝑚 

 

And also, we know the section modulus for the cap, 

 

     𝑍𝑐 =  
𝑏𝑐∗ 𝑡𝑐

2

6
 

 

𝑍𝑐 =  
58 ∗ 𝑡𝑐

2

6
 

 

Therefore, Bending stress, 𝑏 =
𝑀𝑐

𝑍𝑐
 

 

                                                                                           80 =
106087.242

(9.667∗ 𝑡𝑐
2)

 

                                                  

                                                      tc = 11.71 mm 
 

 

Checking  
 

We know the mass of the connecting rod per metre length, 

                                         ml = Volume * density 

                                             = Area * Length * density  

                                             = 11 * (0.007)2 * 0.38 * 8000 

                                        ml = 1.639 kg 
 

Therefore, maximum bending moment, 

                       𝑀𝑚𝑎𝑥 = 𝑚 ∗  2 ∗  𝑟 ∗  
𝑙

9√3
            (m = ml * l) 

                                 = 𝑚𝑙 ∗  2 ∗  𝑟 ∗  
𝑙2

9√3
             

                          = 1.639 ∗ (188.57)2 ∗  0.095 ∗ 
(0.38)2

9√3
 

 

                                𝑀𝑚𝑎𝑥 = 51.287 𝑁 − 𝑚 

 

                                𝑀𝑚𝑎𝑥 = 51.287 𝑘𝑁 − 𝑚𝑚 

 



 

 

and, the section modulus of the given I-section, 

                   𝑍𝑥𝑥 =  
𝐼𝑥𝑥

𝑦
           ( We know, y = 5t/2)             

                             =  
(419 ∗ 𝑡4) 

12
∗  

2

(5∗𝑡)
        

         =  13.97 ∗ 𝑡3           

         =  13.97 ∗ 73      

  𝑍𝑥𝑥 =  4791.71 𝑚𝑚3    

 

 Therefore, the maximum bending stress,  

         𝑚𝑎𝑥 =
𝑀𝑚𝑎𝑥

𝑍𝑥𝑥
 

                                                        𝑚𝑎𝑥 =
51.287 𝑥 103

4791.71
 

 

    𝑚𝑎𝑥 = 10.7 𝑁
𝑚𝑚2⁄  

Since the maximum bending stress induced is less than the allowable bending 

stress of 80 N/mm2, therefore the design is safe. 
 

Problem 2 
 

A connecting rod is required to be designed for a high speed, four stroke I.C. 

engine. The following data are available. Diameter of piston = 88 mm; Mass of 

reciprocating parts = 1.6 kg; Length of connecting rod (centre to centre) = 300 

mm; Stroke = 125 mm; R.P.M. = 2200 (when developing 50 kW); Possible over 

speed =3000 r.p.m.; Compression ratio = 6.8 : 1 (approximately); Probable 

maximum explosion pressure (assumed shortly after dead centre, say at about 3°) 

= 3.5 N/mm2. Draw fully dimensioned drawings of the connecting rod showing 

the provision for the lubrication. 

 

 

 

 

 

 

 



 

 

Problem 3 
 

The following particulars refer to a four stroke cycle diesel engine:  

Cylinder bore = 150 mm;  

Stroke = 187.5 mm;  

R.P.M. = 1200;  

Maximum gas pressure = 5.6 N/mm2;  

Mass of reciprocating parts = 1.75 kg.   

1. The dimensions of an I-section connecting rod of forged steel with an 

elastic limit compressive stress of 350 MPa. The ratio of the length of connecting 

rod to the length of crank is 4 and the factor of safety may be taken as 5;  

2. The wrist pin and crankpin dimensions on the basis of bearing pressures 

of 10 N/mm2 and 6.5 N/mm2 of the projected area respectively; and 

3. The dimensions of the small and big ends of the connecting rods, 

including the size of the securing bolts of the crankpin end. Assume that the 

allowable stress in the bolts, is not to exceed 35 N/mm2. Draw dimensioned 

sketches of the connecting rod showing the provisions for lubrication. 

 

 
 

 

 


